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ABSTRACT

Zhang, Xinye PhD, Purdue University, May 2020. Theoretical and Experimental
Analysis of Dynamic Characteristics in Linear Compressors. Major Professor: Eck-
hard Groll.

Linear compressor technology is characterized by the absence of a crank mech-

anism, which has gained increasing attention in vapor compression systems due to

its compactness and lower friction losses in comparison to conventional reciprocating

compressors. Limited work was found in the open literature related to the develop-

ment and in-depth validation of a comprehensive linear compressor dynamic model

that couples thermodynamic aspects with both mechanical and electrical sub-models.

The current thesis presents a comprehensive and generalized simulation model that

is used to simulate the dynamic performance of a linear compressor. The model is

based on mass and energy balance equations applied to open control volumes. The

overall model is composed of several sub-models including the piston dynamics, elec-

trical motor, valve dynamics, and leakage flows. The thermodynamic model and the

sub-models are integrated into a compressor overall energy balance that describes the

different heat flows and losses. The linear compressor model is able to predict both

transient and steady-state behaviors of the piston movement, internal pressure and

temperatures as well as the overall performance. Moreover, the simulated compres-

sor was characterized experimentally by using a hot-gas bypass test stand over its

operating envelope and the experimental data (i.e., measured mass flow rate, motor

power and overall isentropic efficiencies), was used to validate the developed linear

compressor model. The validated model was then used to investigate and quantify

major sources of losses, analyze the system vibration as well as eccentricity caused

by the spring assembly. The validated comprehensive model is a powerful tool that
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can be used to improve the prototype linear compressor design as well as explore

alternative designs.

In addition, the comprehensive compressor model has been exercised to design

and 3-D print novel liner compressor component with the goal of evaluating their po-

tential to approach an quasi-isothermal compression process. The concept of design

has been integrated into a refrigeration system and a system simulation model was

developed and used to analyze the system performance and to assess its potential for

approaching a quasi-isothermal compression process through the utilization of refrig-

erant economizing and regeneration technology. Moreover, the scalability analysis is

conducted in terms of heat pump and air compression application, which provides a

guidance to design a scale-up linear compressor as well as the selection of components.
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1. INTRODUCTION

1.1 Background

Linear compressor technology is characterized by the absence of a crank mech-

anism, which has gained increasing attention in vapor compression systems due to

its compactness and lower friction losses in comparison to conventional reciprocat-

ing compressors. Historically, he first linear compressor concepts were proposed in

Europe and Japan in the 1950s for refrigeration applications [1], but limited theo-

retical work was conducted at that time, and no commercial products were available

for years to come. Since the 1960s, the linear compressor underwent continuous de-

velopment. In particular, Cadman [2] conducted experimental studies related to the

design of an electrodynamic oscillating linear compressor over the expected range of

operating conditions. The work included comparisons of weight and operating effi-

ciency to conventional technology in order to understand their potential economic

benefits. It was concluded that the performance of linear compressors would be su-

perior to that of conventional rotary motor driven compressors in many applications

with less frictional losses, but with higher manufacturing cost. That work can be

regarded as one of the pioneering studies on oscillating linear compressors. In 1969,

Cohen [3] proposed a simulation model with the purpose of assessing the performance

of possible designs of electrodynamic oscillating gas compressors that feature a linear

spring-sampler load. It was noted that the springs were often required to resonate

the oscillating movement, which increased the cost of the linear motor design. As a

consequence, it was particularly challenging to compete with conventional rotary mo-

tors in the short term. However, the study highlighted the importance of the spring

system design and resonance aspects in oscillating compressors creating a path for

future developments.
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One of the first mathematical models of a single oscillating compressor was de-

veloped by Pollak et al. [4] in 1979. In particular, the model was able to identify

the characteristics of the linear compressor including the piston stroke and the elec-

tric current amplitude. Furthermore, the model accounted for both mechanical and

electrical losses. A validation was carried out by using experimental data from an

existing compressor. The results showed that the piston movement was shifting from

the equilibrium position during the gas compression process, which is a peculiar as-

pect of the linear compressor. One of the main contributions of the study was the

introduction of the concept of a gas spring where a gas pressure force replaces a

mechanical spring in establishing the harmonic motion of the piston. The modeling

results from these early studies were limited by the computational resources and a

lack of thermo-physical property libraries.

In 1992, Van and Unger from Sunpower, Inc. [5] developed a simulation model of a

linear compressor in order to design a prototype and replace an existing reciprocating

compressor for domestic refrigeration. The simulation model was used to predict

all stable operating conditions of the design and the model was validated by the

prototype design. The results showed that the linear compressor power consumption

was 253 W for an evaporating temperature of -23 °C and a piston stroke of 7.3 mm.

Successively, the same research group from Sunpower Inc. [6] designed five different

linear compressor prototypes in 1994 and characterized their performance over a range

of operating conditions and modulated capacities. Results showed that the efficiency

of the compressors improved in the rage of 15% and 25% compared to a conventional

reciprocating compressor. Their work contributed significantly to the development of

the linear compressor technology. Since then, the research on linear compressors has

flourished.

Hasegawa et al. [7] presented a linear compressor prototype with featuring a self-

compensated mechanism with gas springs in 2002. The experimental results indicated

that the fabricated design could achieve the equivalent performance to that of the con-

ventional linear compressor with a mechanical spring. Therefore, this study provided
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a better understanding of the design of spring systems in addition to the previous

work conducted by Pollak et al. [4]. At the same time, Koh et al. [8] analyzed the per-

formance of the linear compressor experimentally in cryogenic and miniature systems

in 2002. This analysis dealt with quantifying the effect of resonance on the piston

stroke under different operating conditions. The relationship between force on piston

and amplitude of stroke were also investigated.

In recent years, LG Inc. patented and commercialized several versions of lin-

ear compressors since 2002 [9, 10] by utilizing the linear motor technology developed

by Sunpower Inc. Their linear compressors were installed in household refrigerators

with the use of refrigerant R134a and R600a. The LG linear compressors were all oil-

lubricated and designed with the special multiple spring and damping systems [11].

It has been advertised that LG linear compressors show better performance than con-

ventional compressors in terms of compressor thermodynamic and motor efficiencies.

Another commercialized linear compressor, i.e., Wisemotion compressor technology,

was developed by Embraco in 2008 [12]. The Wisemotion linear compressor was also

designed for domestic refrigeration systems using the same two refrigerants as for

the LG linear compressor. The Wisemotion linear compressor is an oil-free technol-

ogy and the lubrication is guaranteed by the refrigerant itself. Furthermore, special

surface gas bearings are employed.

Additional research efforts focused on developing linear compressor prototypes.

Bradshaw [13] presented a prototype linear compressor for miniature electronics cool-

ing applications. It was hoped that linear compressor is a promising solution for

electronic cooling applications. A comprehensive compressor model was also devel-

oped to improve the design and understand the effects of several parameters. A

novel linear electromagnetic-drive oil-free linear compressor using R134a has been

designed by Liang [14], which was incorporated into vapor compression refrigeration

(VCR) system. Both modeling and experimental work were conducted to evaluate

the influence of resonant frequencies on the compressor as well as the overall system

performance. From the analyses, it was concluded that the linear compressor should
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be operated at resonance for a high efficiency based on the testing results. A solenoid

based linear compressor for household refrigerator was built by Bijanzad [15] and its

dynamic characteristics were evaluated with the concept of the gas spring. Finite

element method (FEM) was used to simulate the magnetic field density with specific

stroke position and current amplitude.

A number of designs have been proposed throughout the years, which ultimately

led to commercialized linear compressors. In order to have a better understanding

of the linear compressor technology, the main design characteristics are outlined in

following section.

1.2 Linear Compressor Characteristics

Aforementioned, linear compressors present unique features in comparison to con-

ventional reciprocating compressors. In particular, the absence of a crank-mechanism

enables the possibility of oil-free operation, which is highly desirable from a compres-

sor design stand-point. The absence of oil eliminates refrigerant compatibility issues

and opens up more options for environmentally-friendly working fluids. Furthermore,

working fluids can be selected to operate at higher temperatures and pressures with-

out issues related to oil degradation. In addition, oil free design significantly reduces

the costs associated with filter replacement and oil condensate treatment. Due to

its compactness and scalability, the linear compressor is an appealing technology for

domestic and miniature-scale refrigeration systems, which have space constraints. Be-

sides, the reduction of the internal space also widens the possibilities of the designs

and inside configurations of the linear compressors as well as the refrigerator.

A traditional reciprocating compressor with a crank mechanism has a fixed stroke

length. In contrast, the piston stroke of a linear compressor is variable with the

stroke depending on a dynamic force balance between an electrical driving force, a

gas compression force and a spring force. The variable length of stroke enables the

capacity modulation of the refrigeration system with the use of linear compressors. By
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adjusting the input frequency (or alternatively the excitation voltage), the electrical

driving force affects the stroke length and, consequently, modulates the capacity of

the system. It follows that the linear compressor can run on a wider range of capacity

modulation instead of switching on and off which results in the minimum temperature

variation and smaller vibration.

In order to describe the typical operating principal of the linear compressor, a

general schematic of a commercially available hermetic linear compressor is shown in

Figure 1.1. The compressor operates with a low-pressure shell and the suction gas

flows into the compressor shell directly after the suction tube. Some gas movement

is generated within the shell to cool down the internal components. The suction

gas travels from the shell of the compressor into the suction muffler, then into the

center of the piston. The gas pushes open the suction reed valve at the end of the

piston, entering into the compression chamber. Once the chamber pressure reaches the

pressure in the discharge muffler, the gas pushes the discharge plate valve away from

its seat during the discharging process, entering the muffler and discharge line. There

are two opposing sets of four compression springs for a total of eight compression

springs in parallel to provide the spring force as well as to keep the piston moving

steadily.

In a harmonic vibration system, a non-linear force, i.e., gas spring force, will result

in unsteady oscillations, which will be very challenging in terms of controlling com-

pressor operation. Therefore, a large spring stiffness is adopted that dictates a small

variation in resonance frequency to avoid the effects of the non-linear gas spring and

can minimize piston drift issues, which could become especially significant for larger

pressure ratio applications. In order to minimize the piston eccentricity in a linear

compressor, the spring assembly should be selected wisely, including choosing suitable

spring stiffness, concentric confirmation, suitable free length. Unlike using the piston-

ring in a reciprocating compressor, there are two approaches to solve the leakage and

friction issues in an oil-free linear compressor. One is to use high pressurized return

flow as a gas bearing to seal the leakage and reduce the friction loss at the same time.
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Another is to design the piston with extra length, which allows for choked flow in the

leakage path, which can also reduce the leakage flow, discussed by Zhang et al. [16].

A moving magnet linear motor assembly is employed and the copper coils are covered

by laminations. The piston is connected directly to a moving magnet assembly and

the piston movement is driven by an alternating axial force generated by a magnetic

field from the linear motor. Continuous capacity modulation of a refrigeration system

can be achieved with the use of linear compressors by adjusting the input frequency

(or alternatively the excitation voltage), which directly changes the electrical driving

force and consequently the piston stroke length. Compared to on/off control, the

continuous capacity regulation of a linear compressor provides improved cabinet tem-

perature regulation, lower vibration/noise, and better energy efficiency. In order to

maximize motor efficiency and minimize motor size, the piston in a linear compressor

is always controlled close to/at operate at resonance frequency.

Due to complexity of the dynamic interactions within a linear compressor, a com-

prehensive dynamic simulation model and an in-depth experimentally analysis are

extremely helpful for understanding the behavior and operation of linear compres-

sors, their control strategies, as well as for exploring performance improvements and

future prototype designs.

1.3 State-of-Art of Research on Linear Compressors

This section summaries the state-of-art on the studies of linear compressors in

terms of theoretical and experimental work, respectively. In addition, literature re-

lating to the prototypes of linear compressor is also introduced.

1.3.1 Theoretical and experimental analysis of linear compressors

In 1969, Cohen et al. [17] proposed a simulation model with the purpose of assess-

ing the performance of possible designs of electrodynamic oscillating gas compressors

featuring a linear spring-damper load over the expected range of operating conditions.
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Fig. 1.1. Schematic diagram of a linear compressor from LG Inc.

After almost a decade, one mathematical model of a single oscillating compressor was

developed by Pollak et al. [4] in 1979, a cyclic system was used to treat losses as

integration over the cycle and consider all forces on the coil-piston combination. One

framework for modeling linear compressor was established, considering equivalent

damping coefficient, equivalent spring force and oscillating modeling. The prelimi-

nary results are shown in Figure 1.2 in terms of the typical response for the power

and mass flow rate as functions of frequency. It can be found that the peak shows

up at a driving frequency at the resonance frequency of the system where the mini-

mum power is required. However, the modeling results from two studies above were

limited by the computational speed and the thermo-physical property evaluation li-

braries. Therefore, the thermodynamic models presented in these two studies were

not able to provide accurate information inside the compression chamber.
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(a) (b)

Fig. 1.2. Simulation results obtained by Pollak et al. [4]: (a) Input
power as a function of driving frequency. (The experimental data
is overlaid as circular markers.); (b) Mass flow rate as a function of
frequency.

In 1994, C. Minas [18] proposed two modeling methodologies of the dynamics of a

motor-compressor system in terms of a sinusoidal input force associated with pressure

force and a mathematical model that was based on electromagnetic and thermody-

namic equations on the piston movement. The transient as well as steady-state results

were presented. Chen at al. [19] investigated the static and dynamic characteristics

of a moving magnet linear motor for compressor. The model was incorporated with

both an equivalent magnetic circuit and finite element approaches. Howe et al. [20]

proposed a design of a single-phase linear drive with a tubular, moving-magnet mo-

tor in 2008. The piston in this design could be controlled by regulating the input

current and the compressor will work at resonant frequency accordingly. Experimen-

tal work demonstrated the reliabilities of the prototype drive incorporated with the

compressor system. Zhang et al. [21] presented a mathematical model with hammer-

ing effect for a tubular linear permanent magnet machine with gas spring to predict
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the dynamic characteristics of oscillatory motion in 2009. Ibrahim [22] and Wang

et al. [23] focused a design methodology to achieve optimal performance for a short-

stroke, single phase tubular permanent magnet motor for linear compressor as well. A

mathematical model was developed by Tsai at al. [24] for the magnetically levitated

linear compressor. A pair of active magnet bearings was employed to regulate the

piston deviation as well as to reduce the noise. A significant amount of the research

works discussed above dealt with the control analysis of the linear motor in the linear

compressor. However, the gap among them is that there was little work done in terms

of the thermodynamic process inside the linear compressor and the compressor model

was either neglected or simplified for computational consideration.

The resonant frequency of the moving magnet linear compressors of a Stirling cry-

ocooler was presented in Ming Xia [25] and both CFD and Finite Element Method

(FEM) methods were applied but the thermodynamic process was not analyzed thor-

oughly. Dang et al. [26,27] has provided analytic models and experimental validations

on dynamic and thermodynamic characteristics of the moving-coil linear compressor.

But two compressors in the studies above were used in Stirling-type pulse tube cry-

ocooler with lower temperature and small pressure ratio as operating conditions.

Limited results were presented in terms of refrigeration applications. Reported by

Kim et al. [28], an inherent capacity modulation method was proposed for a linear

compressor capacity control. The performance and capacity modulation capability

were validated by numerical and experimental data. The comparison was made be-

tween the inherent capacity-modulated and electric resonance compressors.

The novel approach called energetic macroscopic representation (EMR), shown in

Figure 1.3, was introduced by Heidari at al. [29] in 2015.The simulation results were

verified by both FEM and the experimental data. It allows the further analysis in

terms of electromechanical, heat transfer and fluid dynamics in an air linear com-

pressor. Lamantia et al. [30] presented a virtual simulation system with respect to a

new linear compressor for household appliances on the basis of Simulink and Adams.

One prototype compressor has been built based on the optimized simulation model



10

to achieve high performance. The works above are either based on the new con-

cept which needs to be proven for reproducibility or generated from the commercial

software, which does not provide detailed information behind the simulation results.

Fig. 1.3. Complete system EMR (excluding reservoir) [29].

More recently, You et al. [31] theoretically and experimentally investigated the

electrical and mechanical characteristics of a linear compressor in order to reduce

input power and improve efficiency. An expression for the stroke amplitude based on

easily obtainable parameters was derived. It was shown that the model can be used

to identify resonance frequency of a linear compressor and investigate the variation

of stroke in terms of different intrinsic parameters.

The majority of the cited literature focused primarily on the control analysis of

linear motors to effectively drive the compressors. Only limited work has been done

in terms of analyzing the thermodynamic process inside the linear compressor. In

fact, in most of the cases, the compression process was either neglected or simplified

for computational purposes. As a result, there is a gap in the literature related to

modeling and understanding the dynamics associated with the compression process.

Additionally, some of the analyzed compressors were employed in Stirling-type and

pulse-tube-type cryocoolers with significantly lower temperature and pressure ratio
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operating conditions and only limited results have been reported for refrigeration

applications.

Experimental and numerical results concerning the dynamic characteristics of a

linear compressor in a refrigeration system were presented by Kim et al. [32]. In

this study, a mathematical motor model was included but not coupled with a model

of the compression process. Also, no detailed compressor performance data was re-

ported. The research group at the University of Oxford did a lot of research on linear

compressor analysis [33], which includes a review of the development of linear com-

pressors and outlines their future potential. One of the research members, Davies

et al. [34] described the design and construction of a linear compressor and a corre-

sponding model. Based on this model, dynamic characteristics of linear compressor

were analyzed, as shown in Figure 1.5. Liang et al. [35] showed a comparison between

a crank-drive reciprocating compressor and a novel oil-free linear compressor. The

experimental results showed that the linear motor had better performance than the

regular induction motor. In addition, a new type of oil-free magnet linear compressor

with clearance seals and flexure springs was designed and incorporated into a vapor

compression system which was developed by Liang et al. [14] and the preliminary

simulation results are shown in Figure 1.6. Besides, the authors also carried out

many studies in terms of the effect of clearance on the performance of oil-free lin-

ear compressor, [36–38]. Steady-state performance of the oil-free linear compressor

was measured and compared with results from a model that predicts resonant fre-

quency. The resonance frequency for each operating condition was predicted using

the discharge pressure, suction pressure and stroke with an accuracy of 1.5 %. During

testing, the system achieved a COP of approximately 3.0 for a pressure ratio of 2.5.

However, the mathematical model predicts resonance frequency and not thermody-

namic performance. Furthermore, a detailed valve model and flow model were not

included in the studies above, which may attenuate the accuracy of the calculation

of mass flow rate during the compressor simulation.
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Fig. 1.4. Schematic for free-piston compressor model [34].

Fig. 1.5. Cylinder Temperature and Cylinder Pressure [34].

In these studies, a number of simplifications were introduced in the models. For

example, detailed valve and leakage flow sub-models were not included which limit

the capabilities of the models in accurately predicting compressor mass flow rate and

considering the effects of design changes on performance. To address this deficiency,

Bradshaw [13] developed a detailed mechanistic model of a prototype miniature linear

compressor for electronics cooling that includes valve and leakage flow models. Ex-
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(a) (b)

Fig. 1.6. Simulation results of a moving magnet linear compressor:
(a) Derived P-V loop compared with the compressor model at the
design point; (b) Overall efficiency as a function of pressure ratio for
an operating stroke of 13 mm [39].

perimental data was used to validate the model and parametric studies were carried

out to evaluate design improvements. The model includes a one degree of freedom

valve model and simplified leakage flow and frictional losses. However, the dynamics

associated with the mechanical and thermodynamic processes were not fully coupled.

As a consequence, the model doesn’t capture the fully transient behavior of a linear

compressor where the variable stroke is linked to the spring system, gas system, and

magnetic field that drives the linear motion.

In 2019, Jiang et al. [40] investigated the characteristics of a novel moving magnet

linear motor for a linear compressor and a Finite Element Analysis (FEA) approach

was applied to analyze the motor current and armature positions. Moreover, a series

of tests were conducted to validate the theoretical results and it was found that the

system resonance frequency increases as a function of pressure ratio and the matching

motor capacitance varies in a large range of stroke. Dang et al. [41] provided a 3-D

analytic model to design a motor for a micro moving-coil linear compressor and the

magnetic field and configuration were analyzed and optimized. Experiments were
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carried out to characterize the performance of a 500 g linear compressor with a pulse

tube cold finger and a motor efficiency of 78.6% was reported for a cooling capacity

of 1.2 W at 77 K. Both theoretical and experimental work were conducted by Li et

al. [42] and R1234yf was used as a low global warming potential (GWP) refrigerant

for an automobile air conditioner. The tested compressor had a motor efficiency of

86% and the maximum system COP was 3.

By surveying the literature, it is apparent that from the theoretical aspect, most

previous researchers focused on simplified models that do not fully reflect the dynamic

behavior of linear compressors. No previous publication has presented a comprehen-

sive dynamic linear compressor model that couples mechanical, thermodynamic, and

electrical sub-models. It is necessary to develop a comprehensive and generalized

simulation model that considers these couplings and that can be used to predict both

transient start-up and steady-periodic behaviors of linear compressors. In terms of

the experimental studies, the majority of the cited literature focused primarily on

prototyping linear compressors, which were designed for a specific application, and

reported their unique features. Those designs contributed significantly to the de-

velopment of linear compressor technology, which ultimately led to commercialized

linear compressors. The commercialized compressors perform better and more reli-

able compared to earlier prototypes mentioned in the literature. However, relatively

limited information has been published that involves modeling of commercial linear

compressors and no experimental validation of models has been presented. It will be

interesting to validate the proposed simulation model against the experimental data

obtained for two commercially available linear compressors. In addition to assessing

the accuracy of the model, targets for model improvement are identified. Furthermore,

the model can be also used to identify key parameters affecting system performance

based on the sensitivity study.
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1.3.2 Prototype design of linear compressors

There were several prototyping linear compressors investigated in the literature

along with the development of linear compressor analysis. Some of the typical designs

are reviewed and analyzed in this section.

A prototyped oscillating electrodynamic compressor was presented firstly by Pol-

lak et al. [4] in 1979 and the schematic drawing can be seen in Figure 1.7. One thick

spring supports the movable coil, which is connected to the piston. The driving force

is yielded from the interaction of the alternating coil current with a steady magnetic

field, which is produced by a permanent magnet. The suction reed valve is located

at the end of the piston and one discharge plate valve opens at another end of the

cylinder during the discharging process which is very similar to the design of LG

linear compressor, shown in Figure 1.1.

Fig. 1.7. Schematic drawing of oscillating electrodynamic compressor [4].
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Sunpower Inc. has been conducting research on linear compressor technology for

a long time and they developed and built several genetic linear compressors [5]. One

of their designs is shown in Figure 1.8. The entire assembly consists of a linear motor

with inner and outer pole pieces, a coil, and one tubular permanent magnet which is

connected to the piston as a whole unit during the movement. The piston is supported

by non-contact gas bearings, which provide a floating force for the piston and reduces

the friction while promising the alignment.

Fig. 1.8. Schematic diagram of linear compressor from Sunpower Inc. [5].

A prototype of a linear compressor was fabricated for miniature scale electronics

cooling system and several additional revised designs are reported by Bradshaw et

al. [13]. A sectional view diagram of the compressor is seen in Figure 1.9. The

motor served as a central hub of assembly and the very thick compression spring is

around the surface outside of the motor to stabilize the piston movement at resonant

frequency. The motor selected for the prototype design was manufactured by H2W

Technologies Inc. and the compressor was designed for a cooling capacity of at least

400 W. The conclusion obtained from this work was that the latest version of the linear
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compressor design meets the increasing capacity for electronic cooling and could be

a solution for the future commercial development.

Fig. 1.9. Sectional view of the prototype linear compressor [13].

The University of Oxford built one linear compressor with a new magnetic motor

reported by Liang et al. [39]. The design applies a magnet assembly that is supported

at both ends, so that a suspension system can be created with greater radial stiffness.

As shown in Figure 1.10, the compressor piston is directly attached to the moving

magnet assembly and therefore reciprocates at the same frequency. Two sets of spiral

springs with high radial stiffness were used to constrain the system movement to act

as a linear bearing. It is also reported that the piston and cylinder for this compressor

are made from stainless steel and the piston has a polymeric coating that was finished

by turning. Recently, Bijanzad at al. [?] reported a performance evaluation of an oil-

free linear compressor prototype. The motor is composed of two circular wound coils

around the central axis. The coils are encapsulated in the three-legged structure.

The plate valves were installed for suction and discharge line. Four different working

fluids were analyzed and the motor and overall isentropic efficiency were discussed,

which were reported up to 89 % and 67 % at the resonance excitation, respectively.
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Fig. 1.10. Cross-section view of design of the 100W Oxford moving
magnet compressor [39].

In summary, the following conclusions can be obtained from the linear compressor

examples reviewed above:

� A high stiffness spring should be applied to ensure the compressor works at

resonant frequency without the effect of the non-linearity gas spring force.

� The piston can be connected to the moving magnet, which helps the piston and

motor reciprocate at the same frequency. Moreover, tubular is favorable as its

design saves the internal space inside the compressor housing and also minimize

the eccentricity of the piston.

� The valve assembly can be located on either sides of the piston or both valves

can be installed at the end of the cylinder.

� Using a gas bearing is very beneficial for oil-free linear compressor design and

the piston can be lubricated by the refrigerant itself.

However, all of these studies are focused on the performance characterization of

a conventional reciprocating compressor driven by a linear motor. There was little

work reported in the open literature in terms of the modifications of the compressor

internal configurations to increase the removal of the heat flux during the compression
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process and if it is possible to modify the geometry of the cylinder/piston by adding

cooling channel to enhance the heat transfer process inside the linear compressor since

there is more saved space due to the lack of the crank mechanism.

1.4 Objectives

Based on the literature review, a number of potential contributions to advance

the research on linear compressors has been identified. In particular, the following

efforts will be addressed within the present work:

� Develop a fundamental understanding of the dynamic characteristics of linear

compressors.

A comprehensive linear compressor simulation model has been developed to

describe the entire dynamic compression process and associated energy flows.

The model is based on mass and energy balance equations applied to open

control volumes. To that end, the overall model is composed of several sub-

models that include a piston dynamic model, an electrical motor model, a valve

dynamic model, and a heat transfer model. When integrated together with an

overall energy flow model for the compressor, it is possible to predict piston

vibration, temperatures, and pressures within the compressor as well as overall

performance. The dynamic characteristics of the linear compressor are analyzed

and frequency response functions of the stroke are obtained to evaluate the effect

of excitation frequency on the compressor performance and motor efficiency.

The proposed formulation has been implemented within an open-source software

package entitled PDSim written in the Python language by Bell et al. [43] and

further enhanced by Ziviani [44]. The results of the compressor simulation

model are being validated using experimental data from two commercially linear

compressors used in domestic refrigerator/freezers. There is currently no other

simulation modeling work available in open literature that considers all aspects.

� Conduct experimental analyses for two commercial linear compressors.
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Limited work was found in the open literature related to comprehensive com-

pressor modeling and model validation of commercially available linear com-

pressors. Currently, there are two commercial linear compressors available that

are used in residential refrigerator/freezers. One of them uses synthetic POE

oil while the other is oil-free. An experimental characterization of the two com-

pressors will be conducted using a hot-gas bypass test stand. Using these mea-

surements, the two compressors will be characterized and compared in terms

of dimensionless performance parameters. The conclusion from the comparison

will be used to improve the compressor design via parametric studies and to

identify key parameters affecting the compressor transients.

� Linear Compressor model validation and sensitivity analyses.

The experimental data collected from the two commercial linear compressors

will be used to validate the developed comprehensive compressor model. The

validated model will be validated against experimental data obtained for two

commercially available linear compressors. In addition to assessing the accuracy

of the model, targets for model improvement will be also identified. Addition-

ally, the model will be exercised to identify key parameters affecting system

performance and used to quantify the major sources of losses and analyze sys-

tem vibration as well as piston eccentricity, which ultimately could be used to

design the next generation of linear compressors.

� Develop alternative linear compressor prototype designs in terms of their po-

tential for approaching an isothermal compression process.

In addition to the model development and analyses of existing commercial linear

compressors, the feasibility of approaching an isothermal compression process

is also evaluated from both component and system aspect. Different cooling

methods can be applied to enhance the heat transfer process during the com-

pression process. Larger heat exchange surfaces can be integrated into the

piston-cylinder design by adding internal cooling paths with different geome-
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tries. In particular, several designs have been proposed for performance inves-

tigations. A range of unique internal cooling geometries are enabled through

the use of 3D printing. The key parameters governing compressor performance,

such as leakage gap, piston geometry and internal cooling path configuration,

are analyzed and the performance of the best designs are presented along with

an assessment of the benefits of compressor cooling. Moreover, the scalability

analysis is conducted in terms of heat pump and air compression application,

which provides a guidance to design a scale-up linear compressor as well as the

component selections.

1.5 Overview

The structure of the thesis follows the aforementioned objectives.

In Chapter 2, a comprehensive mathematical modeling approach is introduced

and the solution algorithm is explained. In Chapter 3, the two commercial linear

compressors are described along with the hot-gas by-pass test bench utilized for con-

ducting their experimental characterizations. In-depth analyses of their performance

are also carried out. A detailed model validation is reported in Chapter 4 and

the simulation results based on the theoretical model described in Chapter 2 includ-

ing transient and periodical steady state results are also discussed. In addition, the

overall predicted compressor performance is also reported. Chapter 5 reports the

sensitivity study by using the validated model, including leakage and frictional loss,

gas bearing analysis and piston vibration and eccentricity analysis. In Chapter 6,

the feasibility of achieving isothermal compression is discussed from the theoretical

component and overall system aspect. Moreover, the scalability of linear compressor

for two applications, i.e., heat pump and air compression, is also reported. Lastly,

Chapter 7 summarized the research work conducted and provides both conclusions

and recommendations for future work.
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2. MATHEMATICAL MODELING

The mathematical approach that is applied to investigate the dynamic characteristics

of linear compressor is laid out in this chapter. The aim is to develop a detailed

mechanistic simulation model to predict the performance and describe the entire

dynamic compression process and associated energy flows. The following aspects are

included in this model:

1. Dynamic compression chamber model to predict the behavior of the gas within

the working chamber (see Section 2.2).

2. Tube model to simulate a component which the flow goes through. The effects

of the pressure drop and heat transfer process have been taken into account (see

Section 2.3).

3. Flow path model to simulate the flow path connecting any two components/control

volumes. It includes the leakage path and mass flow across the valve assembly

(see Section 2.4).

4. Frictional model to simulate the frictional loss between piston and cylinder

surface. Two type of friction forces were considered (see Section 2.5).

5. Since the stroke in linear compressor is not fixed by a crank mechanism, the

stroke model is used to predict the dynamic movement of the piston by means

of an overall force balance and dynamic equation of motion (see Section 2.6).

6. Motor model to determine the driving force on the piston as well as the power

consumption during the compression process (see Section 2.7).

7. Heat transfer model to calculate the heat transfer rate inside the compression

chamber (see Section 2.8).
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8. Transient multi-lumped temperature model to simulate the overall energy bal-

ance on each main component of the compressor (see Section 2.9).

2.1 Comprehensive Dynamic Modeling

A comprehensive and generalized simulation model has been developed to simulate

the dynamic performance of a linear compressor. The proposed formulation has

been implemented within an open-source software package entitled PDSim initially

developed by Bell et al. [43] and further enhanced by Ziviani [44], which simulates

the performance of reciprocating, scroll, rotary, and screw machines. The package

was written in the Python programming language [45] with the core model structure

compiled in Cython [46] to increase the computational speed and the whole model

is based on an object-oriented programming method. All elements in the various

compression and expansion machines were created as objects, which are treated as the

instances of a given class or library. Since a multitude of compressors and expanders

have similar geometries, mass flow, heat transfer models in their simulation programs,

it is be very helpful to plug and play with each component library from PDSim to

generate a new local model accordingly. The general structure of a compressor or

expander simulation model in PDSim is shown in Figure 2.1. Different modules

have been added to the entire structure, which covers most types of compressors and

expanders used in different applications. However, it is not necessary to use them

all to generate a new model and the complexity can be modified according to the

machine type. The optional modules are marked as grey boxes [47].

Generally, in the case of positive displacement machines having a crank-motion,

the steady-periodic solution is of particular interest and the working cycle is identified

as a function of the rotation angle. However, the real compression and expansion

process in compressor are transient thermodynamic processes and a system of dynamic

governing equations is necessary to be studied. Due to the fact that linear compressors

do not have crank mechanism and the piston stroke is not fixed but determined
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Compressor/Expander class

Geometry inputs

Inlet/Outlet thermodynamic states

Select motor/generator model

Constant efficiency

Torque-slip-efficiency map

Detailed model

Mechanical and friction losses

Add CVs

Add Tubes

FlowPaths

Add Suction/discharge FlowPaths

Add leakage FlowPaths

Add Valves

Add Energy Balance Callbacks

Define solver

Debug plots

Fig. 2.1. General structure of a compressor/expander model in PDSim
(Obtained from [47]).

by electro-mechanical forces instead, the work reported in this thesis extends the

previous model to investigate the dynamic thermodynamic characteristics of linear

compressors. The system of equations developed needs to be integrated over time.

Therefore, the updated structure is general and flexible. It accounts for both transient

and steady-periodic solutions.

2.2 Compression Chamber Governing Equations

Mass and energy conservation are applied to the working chamber during the

compression process in a linear compressor. A control volume is the fundamental
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element in the compressor model, which can be represented as Figure 2.2 and the

element is used to connect the neighboring components via different flow paths, which

allows to account for all the thermodynamic processes within the compressor. In order

to improve the computational efficiency, all thermodynamic properties are assumed to

be uniform within each control volume at any time such that the working fluid follows

quasi-equilibrium processes. The overall compressor system is modeled by employing

the following fundamental components, which can be identified from Figure 1.1.

Fig. 2.2. Diagram of a control volume for 1st law analysis (Adapted from [47]).

� Control Volume (CV): working chamber, i.e., compression chamber and shell

chamber.

� Tube: suction and discharge connection tubing that contain flow paths where

pressure drop and heat transfer processes associated with the working fluid are

considered.
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� Flow Path: connect each component of the entire model with a connected

element that could either be a control volume or a tube, i.e., valve flows, leakage

flows.

Fig. 2.3. Schematic diagram of a commercial linear compressor.

Table 2.1.
Description of the nomenclature and symbols used in Figure 2.3.

Component Description

CV1 compressor chamber

CV2 shell chamber

Tube1 suction tube

Tube2 discharge tube

Flow Path 1 suction flow

Flow Path 2 suction valve flow

Flow Path 3 discharge valve flow

Flow Path 4 leakage flow
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Since there is no crank mechanism inside a linear compressor, the governing equa-

tions developed in this study are time dependent and not rotating-angle dependent

as typically utilized when modeling positive displacement compressors. The time-

dependent model is well suited for predicting performance for both transient start-up

after steady-periodic dynamic behavior has been achieved for a given set of bound-

ary conditions. For a one-dimensional one-inlet, one-outlet control volume flow, the

energy rate balance is shown in Equation 2.1:

dEcv
dt

= Q̇− Ẇ + ṁi

(
ui +

V 2
i

2
+ gzi

)
− ṁe

(
ue +

V 2
e

2
+ gze

)
(2.1)

where Ecv denotes the energy of the control volume at time t. The terms Q̇ and Ẇ

account, respectively, for the net rate of energy transfer rate by heat and work across

the boundary of the control volume at t. The other two terms inside the bracket

represent the rates of transfer of internal, kinetic and potential energy of the entering

and exiting flow.

Generally, there are two contributions for the work shown as terms Ẇ in Equation

2.1: one is the work associated with the liquid pressure for flowing and the other is

shown as Ẇcv, which consists of the other work effects on the control volume, including

rotating shafts, movement of the boundary and electrical effects and so on and it is

named as boundary work. Therefore, the work term Ẇ is divided and written as

Equation 2.2:

Ẇ = Ẇcv + ṁe(Peve)− ṁi(Pivi) (2.2)

where ṁe and ṁi are the mass flow rates and ve and vi are the specific volumes

evaluated at the exit and inlet, respectively.

Substituting Equation 2.1 and Equation 2.2, the new expression of the control

volume energy rate balance can be derived as Equation 2.3 and with the definition of

specific enthalpy h = u+ pv, the simplified form can be obtained as Equation 2.4:
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dEcv
dt

= Q̇cv − Ẇcv + ṁi

(
ui + Pivi +

V 2
i

2
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)
− ṁe

(
ue + Peve +

V 2
e

2
+ gze

)
(2.3)

dEcv
dt

= Q̇cv − Ẇcv + ṁi

(
hi +

V 2
i

2
+ gzi

)
− ṁe

(
he +

V 2
e

2
+ gze

)
(2.4)

By selecting a proper control volume to describe the compression process, further

assumptions can be made to simplify Equation 2.4. In particular, the net change

in potential and kinetic energies associated with the mass of fluid flowing across the

boundary of the control control volume can be neglected due to their small contri-

butions. Therefore, the energy conversation equation applied to a specific control

volume of a compression chamber can be reduced to:

dEcv
dt

= Q̇cv − Ẇcv +
∑
j

ṁjhj (2.5)

where ṁjhj is enthalpy flow rate corresponding to the product of the upstream en-

thalpy and the mass flow rate for the j-th flow path , since there can be multiple flow

paths connected to one control volume that allow mass flow in and out the control

volume (e.g., valves, leakage flows).

In order to expand Equation 2.5 to include the definitions of boundary work for

a positive displacement machine and the specific internal energy, Equation 2.6 and

Equation 2.7 can be derived.

Ẇcv = −Pcv
dV

dt
(2.6)

dEcv
dt

=
d(ucvmcv)

dt
= mcv

ducv
dt

+ ucv
dmcv

dt
(2.7)

From the fundamentals of thermodynamics, it can be recalled that the exact

differential of the specific internal energy and the specific internal energy can be

expressed as:
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du = CvdT +

[
T

(
∂P

∂T

)
v

− P
]
dv (2.8)

u = h− Pv (2.9)

By substituting Equations 2.6 to 2.9 to Equation 2.5, the governing differential

equation for transient behavior of the gas within the chamber is as follows:

mcvcp,cv
dT

dt
= T

(
∂P

∂T

)
v

[
dV

dt
− 1

ρ

dmcv

dt

]
+hcv

dmcv

dt
+
dQ

dt
+
∑ dmin

dt
hin−

∑ dmout

dt
hout

(2.10)

where mcv and cp,CV denotes the mass and the specific heat of the control volume;

ṁout and ṁin represent the mass flow rates at the outlet and inlet. All the time

derivative terms, i.e., dT/dt, dV/dt, dQ/dt account, respectively, for the net change

rate across the boundary of the control volume at time t.

With respect to the conservation of mass flow for the control volume, multiple

flow paths are considered and the derivative of the mass is given by:

dmcv

dt
=
dmin

dt
+
dmleak,in

dt
− dmout

dt
− dmleak,out

dt
(2.11)

where dmleak,in/dt and dmleak,out/dt are the leakage mass flow rates at the exit and

inlet, respectively.

In order to carry on the thermodynamic calculations at each time step, the thermo-

physical properties of the working fluid are retrieved from the open-source library

CoolProp v6.1 developed by Bell. [48]. The CoolProp library employs the high-

accuracy Helmholtz Equation of State (HEOS) explicit in temperature and density.

A more detailed discussion on the selection of the independent variables used to

carry on the integration of the governing equations can be found in Ziviani. [44]. The

conservation equations are solved at a particular time step and coupled through the

stroke control, valve, motor, heat transfer sub-models which will be presented later.
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2.3 Tube Model

The tube mode is used to simulate flow through connection tubing and predicts

the pressure drop and heat transfer process inside. The turbulent flow regime is

applied in the model with some prerequisites as follows [49]:

� Quasi-steady flow through the tube

� Either the outlet or the inlet state is fixed in terms of the flow inside the tube

� Viscous effects are taken into account

� Single-phase flow

To understand the flow regime in the tube, the relationship between the Fanning

friction factor and the Reynolds number is complex and is governed by Colebrook

equation [50] where f is used as implicit form:

1√
f

= −2.0log10

( ε
d

3.7
+

2.51

Re
√

f

)
(2.12)

Another formula was developed by Stuart W. Churchill [51] to analyze friction

factor in the flow regime of laminar and turbulent flow both. This was originally de-

rived to demonstrate the curves in the Moody chart, which shows the Darcy-Weisbach

Friction factor versus Reynolds number. The Darcy Weisbach Formula fD is 4 times

the Fanning friction factor f and so a factor of 1
4

has been applied to produce the

formula given below:

f = 8
[
(8/Re)12 + (A+B)−1.5] 1

12 (2.13)

A =
(

2.457 ln
[
(7/Re)0.9 + 0.27 (ε/D)

]−1
)16

(2.14)

B = (37530/Re)16 . (2.15)

where Reynolds number is given by Re = GD/µ and G is the mass flux given by

G = ṁtube/Atube and Atube is the cross-sectional flow area of the tube given by

Atube = πD2/4.
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2.3.1 Heat transfer

To calculate the heat transfer rate for turbulent fluid flow in the tubes, the Nusselt

number (Nu) is determined by Gnielinski correlation as Equation 2.16, reported by

Taler [52] and the heat transfer coefficient α is derived accordingly with Equation

2.17.

Nu =
(f/8)(Re− 1000)Pr

1 + 12.7
√

f/8(Pr2/3 − 1)
. (2.16)

where 4 × 103 ≤ Re ≥ 106, 0.5 ≤ Pr ≥ 200 and f denotes the friction factor for

smooth tubes which is calculated by Equation 2.13.

α =
kNu

D
(2.17)

If the inlet state of the tube is fixed and the wall temperature is known, the

outlet temperature can be obtained from Equation 2.18, otherwise Equation 2.19

and Equation 2.20 together yield the inlet temperature backwards with the given

additional heat input to revise the outlet temperature.

Tout = Twall − (Twall − Tin) exp

(
− πDLα

ṁtubecp

)
(2.18)

T ∗
out = Tout −

Q̇add

ṁcp
(2.19)

Tin = Twall −
Twall − T ∗

out

exp
(
− πDLα
ṁtubecp

) (2.20)

2.3.2 Pressure drop

The head loss through the tubes can be calculated using the Darcy Weisbach

equation [53] combined with the Fanning friction factor:
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hf = 4f
L

D

V 2

2g
, (2.21)

where V is the averaged flow velocity in the tubes

The pressure drop through the tubes can then be evaluated as:

∆P = ρghf (2.22)

The mass flux is determined with a form in terms of the average velocity in the

tubes:

G = ρAtubeV (2.23)

Substituting Equation 2.21 and Equation 2.23 to Equation 2.22 , it yields the

change of pressure through the tubes

∆P = −fG
2L

2ρD
(2.24)

With given the pressure drop across the tube, the pressure difference can be

calculated based on Equation 2.25.

∆P = |Pin − Pout|, (2.25)

2.4 Flow Path Model

Flow paths are used to connect each component of the entire model and the con-

nected element could either be a control volume, as defined in Section 2.2, or a tube, as

defined in Section 2.3. In each flow path, the model uses the input as inlet operating

conditions to pursue the unknown pressure at the outlet. In addition, the mass flow

rate through the flow path is determined accordingly in terms of different flow coeffi-

cients. In general, there are two types of flow path existing in the linear compressors:

leakage flow valve flow path, which are presented in the following sections.
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2.4.1 Leakage flow path

One of the mass leakage paths in linear compressors generally happens between

the compression chamber and the compressor case through the gap, i.e., radial clear-

ance, which is located between the outer surface of the piston and the inner surface of

cylinder wall. The leakage is a result of pressure differences between the compression

chamber and compressor shell. Instead of using a piston ring or oil film that are

commonly used to seal the leakage path in a conventional reciprocating compressor,

an oil-free linear compressor uses the refrigerant with a small clearance gap to seal

the leakage path and lubricate the piston motion. Some of the previous researchers

adopted simplified leakage models, such as an isentropic flow model [13] or a simplified

Couette flow model [34]. However, these approaches may not be adequate for estimat-

ing leakage flow in oil-free linear compressors. The leakage flow through the clearance

gap between the piston and cylinder surfaces is governed by the Navier-Strokes (N-S)

equations, in which inertia, body, pressure and viscous terms are included.

Based on lubrication theory [54], the leakage flow condition within the gap between

the piston and cylinder is generally considered as “slow viscous motion”, where the

pressure and viscous terms are predominant. This allows simplification of the N-S

equations. In this study, the leakage flow is modeled as a 1-D lubrication film with

constant clearance gap, i.e., no eccentricity, and the modified governing equation is

given by Equation 2.26. This model was used to determine the pressure distribution

inside the gas film, which was needed for calculating the leakage rate and frictional

loss.

d

dx

(
ρg3

12µ

dP

dx

)
=
ẋp
2

d

dx
(ρg) +

d

dt
(ρg) (2.26)

where g is the clearance gap thickness, ρ is the gas density, µ is the viscosity of the

gas. ẋp(t) denotes piston movement velocity obtained from the linear compressor

model, respectively.



34

The left-hand side (LHS) of Equation 2.26 represents the Poiseuille term and

describes the net flow rates due to pressure gradients within the leakage path. The

first term on the right-hand side (RHS) is the Couette term representing the net

entraining flow rates due to surface velocity, i.e. piston velocity. The second term

in the RHS denotes the transient change of the flow rate, coupled with the pressure

change profile. Consequently, the integral form of the leakage mass flow rate can be

determined by the integral through the flow path area at the end of the piston.

2.4.2 Valve model

It is assumed that the gas flow through the valve port is isentropic and compress-

ible flow. One isentropic nozzle model is utilized to calculate the mass flow with

the assumption that the flow is compressible without friction and heat transfer. The

absence of heat transfer and friction means the flow will be reversible and adiabatic.

The thermodynamic parameters in upstream condition, i.e., temperature and pres-

sure, are the inputs to this nozzle model. Within the isentropic nozzle, the local

pressure ratio and the critical pressure ratio are needed and calculated by Equation

2.27 and Equation 2.28. The comparison between these two pressures are used to

determine if the maximum flow rate occurs when sonic condition happens at the exit

of the flow path, which is called a ”choked flow”, where the flow rate is maximum.

PR =
Pdown
Pup

, (2.27)

PRcri =

(
2

k + 1

)k/(k−1)

, (2.28)

where k is heat capacity ratio of the flow, subscript ”up” means the upstream and

down means the downstream of the leakage path.

Therefore, flow through the leakage path is divided into two sections based on the

comparison as follows:
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� Section I, 1 ≥ PR ≥ PRcri, flow is not choked and mass flow rate is calculated

by:

ṁ =
APu√
RTu

√
2k

k − 1
PR

1
k (1− PR

k−1
k ) (2.29)

where subscript u denotes the parameters in upstream condition

� Section II, PR ≤ PRcri, flow is choked

ṁ =
Aρu√
kRTu

(
1 +

k − 1

2

) 1+k
2(1−k)

(2.30)

The mass flow rate through the valve calculated by Equation 2.29 and Equation

2.30. However, the flow area changes along with the valve opening process, illustrated

in Figure 2.4. Valve motion can be characterized as pressure dominant or mass domi-

nant based on the lift of the valve opening with different flow area. This categorization

was first suggested by Soedel [55] and improved by Kim et al. [56]. It can be noted

that flow area in pressure-dominant region is a function of the valve lift and is equal

to the valve circumference area, calculated by Equation 2.31. When the valve lifts

high enough over one traditional point, the flow area begins to be independent of the

valve lift and is equal to the port area, given by Equation 2.32. Theoretically, there

is a critical valve lift between the mass-flux-dominant and pressure dominant modes

and this critical value can be determined by assuming that the mass flow rate in two

domains are consistent at this height, represented by Equation 2.33.

Ap = πDvyv (2.31)

Am =
π

4
D2
port (2.32)

ρpVpAp = ρmVmAm (2.33)
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Fig. 2.4. Two dominant modes of valve opening (adapted from Bell et al. [43]).

Thus, substituting Equation 2.31 and Equation 2.32 to Equation 2.33, it yields

the transitional displacement, as shown in Equation 2.34.

ytr =
1

4

D2
port

Dvalve

(2.34)

where Dport denotes the diameter of the valve port and Dvalve represents the valve

plate diameter.

In addition, the valve displacement is investigated by dynamic modeling of the

valve plate. The free body diagrams of the valve plate in terms of the two modes

are shown in Figure 2.5. The summation of the forces in the y direction yields the

equations of motion of the valve in terms of the two modes. For the pressure-dominant

region, the pressure from upstream drops through the flow path to the downstream

with lower pressure and the differential pressure force is dominant force on the valve

movement. When the valve lift is beyond the transitional height, the pressure forces

on the two sides of the valve plate are canceled and the mass flux force is added in the

mass flux dominant condition. The governing equations for these two valve dominant

modes are shown in Equation 2.35 and Equation 2.36:

meff,vÿv =
1

2
CDρvAvv

2
gas(t)Av − kvyv + (Pup(t)− Pdown(t))Av (2.35)
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Fig. 2.5. Free body diagram of valve plate (Adapted from Bell et al. [43]).

meff,vÿv =
1

2
CDρvAvv

2
gas(t)Av + ρ(vgas(t)− ẏv)2Apo − kvyv(t) (2.36)

where meff,v is the valve effective mass, CD is the drag force coefficient, ρv is the

density of valve material, vgas(t) is the gas velocity, and yv is the valve instantaneous

transverse displacement. Pup and Pdown represent the upstream and down stream

pressure on valve, Av and Apo denote the flow area on valve plate and valve port,

respectively.

Figure 2.6 and Figure 2.7 depict the two valve types employed for suction and

discharge in the linear compressor. Modeling approaches from Kim et al. [56] and

Bell et al. [43] are employed. A reed valve is used on the suction side and is modeled as

a one-degree-of-freedom, lumped element, vibrational system considering the natural

frequency. A plate valve is used for discharge and is treated with a mass-spring model.

The stiffness of the reed valve is calculated using Equation 2.37. The equivalent

masses for the reed and plate values are estimated using the approach of Wood et

al. [57] and given in Equation 2.39 and Equation 2.40, where the natural frequency

of reed valve is determined from Equation 2.38.

ks =
F

δs
=

3EIm
a3

(2.37)

ωn =
1.8752

2πl2

(
EIm
mL

)0.5

(2.38)
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Fig. 2.6. Schematic of a reed valve.

valve stop

valve plate
y

ystop

F
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Fig. 2.7. Schematic of a plate valve.

meff,re =
ks
ω2
n

(2.39)

meff,pl = mv +
1

3
ms (2.40)

where ωn is the natural frequency, mL is the mass of valve per unit of length, ms is the

spring mass, E is Young’s modulus and Im is the moment of inertia of the beam cross

section. Regarding the geometry parameters in the valve, a is the distance between

the anchor and valve port, and l the valve reed length.
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2.5 Friction Model

The friction force between the cylinder wall and piston surface is the sum of

the asperity contact force and gas viscous friction force of the gas flow. The viscous

friction contribution is obtained by Equation 2.41, which is determined by the pressure

distribution within the clearance gap and the gas viscosity. For an oil lubricated

compressor, the effect of this term should be limited given the low viscosity of gas

compared with that of the oil lubricant.

Fvis =

∫ Lp

0

[
g

2

dP

dx
+
µ

g
ẋp

]
dx (2.41)

Another term contributing to the frictional loss is due to the surface roughness,

which can be determined by the model proposed by Greenwood and Tripp [58] that

is shown in Equation 2.42. The friction force due to the surface roughness, called the

asperity contact force, depends on the relative ratio between the clearance gap and

surface roughness. It can be concluded from this equation that when the clearance

gap is so small that the gas film thickness is below the limit of surface roughness, the

asperity force will increase dramatically. After obtaining the transient friction work

variation along the piston length, the root mean square (RMS) value of the friction

loss is obtained from Equation 2.44.

Fasp =

∫ Lp

0

Cf
16
√

2

15
π(σβη?)2E

√
σ

β
P

(
g

σ

)
dx (2.42)

where σ is the surface averaged roughness, β denotes the radius of curvature at the

peak of asperity, Cf is the dry friction coefficient, η? represents the surface density

of asperity peaks and P(x) is the probability distribution function of asperity height,

which is denoted in Equation 2.43.

P (x) =

 A(Ω− x)z if x ≤ Ω

0 if x > Ω
(2.43)

where A and Z are the probability distribution linear and exponent factor, respec-

tively, and Ω is the boundary for asperity force.
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Ẇfri =

√
1

n

∑(
(Fvis + Fasp)ẋp

)2
(2.44)

where n is the number of the calculated values at each time step.

2.6 Piston Model

The stroke length of the linear compressor is not fixed by a crank mechanism

but by the geometry, the motor and the dynamic force balance instead. The spring

suspension system is used to ensure that the piston is moving linearly. The piston is

modeled as a free body with forced, damped and simple harmonic oscillation. Figure

2.8 shows the force balance analysis on the piston assembly. The movement of the

piston is affected by the gas pressure differential force, the mechanical spring force

and the friction force and the governing equation can be expressed as Equation 2.45.

The motor driving force is based on the input current (I) and motor factor (α) as

described in Section 2.7. The piston starts from an initial point with some gas inside

the compression chamber and is moved between top dead center (TDC) and bottom

dead center (BDC). According to the force balance and the frequency of the input

power, the piston displacement will oscillate between positive and negative values and

the stroke can also be affected.

meff,pẍp + cfriẋp + ksxp + (P (t)− Pshell)Ap = αI(t) (2.45)

where meff,p is the effective mass of piston and moving magnet, cfri is the friction

coefficient, calculated by Equation 2.46, ks is the mechanical spring stiffness, Ap is

the piston cross area, xp and ẋp are the piston instantaneous transverse displacement

and velocity, respectively.

cfri =
µAp,cir

g
(2.46)

where µ is the gas dynamic viscosity, Ap,cir is the circumferential area of piston and

g is clearance gap.
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Piston

←PshellAp

← ksxp(t)

← cfriẋp(t)

P(t)Ap→

αI(t)→

TDC BDC

x

Fig. 2.8. Free body diagram of piston with pressure force term.

In order to determine the resonant frequency of the system, the equation of motion

(EOM) is setup as a function of damping and spring term only. Therefore, the gas

pressure force term is then divided into an equivalent viscous damping force and an

equivalent spring force. The modified governing equation is shown as Equation 2.47

and the new force balance can be represented by the new free body diagram in Figure

2.9.

meff,pẍp + (cfri + cgas)ẋp + (ks − kgas)xp = αI(t) (2.47)

where cgas is the equivalent viscous damping coefficient and kgas is the equivalent

spring stiffness which can be calculated by Equation 2.48 and Equation 2.49 respec-

tively.

kgas =
Ps(PR− 1)AP

xp
(2.48)

∮
cgasẋp ds =

∮
P dV (2.49)

where PR denotes the pressure ratio on the piston and Ap represents the piston across

area.
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Piston

← cgasẋp(t)

← ksxp(t)

← cfriẋp(t)

kgasxp(t)→

αI(t)→

TDC BDC

x

Fig. 2.9. Free body diagram of piston with the equivalent gas spring
and damping term.

The total spring stiffness of the system can, therefore, be obtained by the sum of

two spring stiffness terms from Equation 2.50 and the resonant frequency is expressed

as Equation 2.52 with the natural frequency given by Equation 2.51.

ktot = ks + kgas (2.50)

ωn =

√
ktot

meff,p

(2.51)

f =
1

2π
ωn (2.52)

2.6.1 Piston bias displacement

Unlike in conventional reciprocating compressor, the stroke in linear compressor

is not fixed and is based on the overall force balance in the system. A special charac-

teristic of linear compressors is piston bias displacement where the piston shifts from

one initial position X0 to a new equilibrium position Xm. This concept was briefly

reported by Bradshaw [13] as piston drift and was found to be a function of the

stroke-to-diameter ratio. Figure 2.10 depicts this behavior of the piston in a linear
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compressor. Initially, there is no differential pressure force (Pcyl(t) = Pshell(t)) acting

on the piston body at X0 and the suction pressure is equal to the discharge pressure.

This initial equilibrium position is determined by the design/assembly of the com-

pressor, i.e. magnet location, spring system, motor power etc. Once the compressor

starts operation and the in-cylinder pressure begins to be established, the pressure

difference between the compression chamber and compressor shell is no longer equal

to zero, e.g., Pcyl(t) > Pshell(t), and the bias shift occurs. The bias of the initial posi-

tion relative to the equilibrium position for a given operating condition is determined

using Equation 2.53, where the position is measured from the discharge plate to the

TDC position of the piston.

Piston

TDC BDC

P(t) Pshell

Valve

Xm

Equilibrium Position

X0

Initial Position

Xbias

x

Fig. 2.10. Schematic of piston bias displacement.

Xbias = Xm −X0 (2.53)

In order to understand how the piston bias affects compressor design and opera-

tion, there are three scenarios to consider as follows:

� X0 < Xm

The bias displacement is positive, which means the overall pressure force pushes

the piston to the direction of BDC until the new equilibrium position has been
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reached. In this case, the piston does not make contact with the valve assembly

during the discharging process and a clearance volume exists for gas expansion

prior to the suction valve opening. In reality, this type of bias displacement is

usually more favorable for linear compressor design.

� X0 ≥ Xm

This case results from improper design of the linear compressor, which can

result from under-estimation of the piston oscillation amplitude or oversizing

the mechanical spring assembly. In this case, metal-to-metal contact may occur

when the piston is at TDC during a discharging process. Although the negative

effect of gas re-expansion is minimal, this situation is not desirable because of the

potential for compressor damage. There are potential solutions to address this

issue that don’t require changing the original compressor design. For example,

the top of the cylinder can be a discharge valve, as discussed for the example

of Figure 1.1. As the piston moves close to the discharge valve, the valve can

be pushed away from the valve seat simultaneously. Therefore, metallic contact

can be avoided if the springs are chosen appropriately. However, there is the

potential for high pressure drop and oscillating behavior during the discharging

process. Alternatively, the clearance volume can be fixed by adjusting the input

excitation voltage based on the transient piston displacement [38]. However,

more control and dynamic sensors are required to achieve this solution.

� X0 � Xm

If X0 is significantly less than Xm, then a large volume change occurs during

the re-expansion process prior to suction gas entering the cylinder. This leads

to a limited amount of gas in the compressor chamber being compressed and

very poor overall performance in terms of mass flow. This situation should be

avoided in the compressor design.

In summary, it is important to control piston bias displacement in linear compres-

sor design and the simulation model developed in this study is very useful for that
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purpose. The piston diameter, nominal linear motor stroke length, spring forces, etc.

affect the initial and equilibrium positions and should be considered in sensitivity

studies during the design phase.

2.6.2 Spring stiffness

The mechanical spring stiffness, ks, can be measured experimentally and the

method, adopted by Bradshaw et al. [13], is to measure the spring displacement

with different load mass weight. The test setup is shown in Figure 2.11. The re-

lationship between the load and the spring displacement can be obtained from the

curve based on the experimental data and the curve slope is the calculated spring

stiffness respectively.

Fig. 2.11. Measurement of spring stiffness in linear compressor by
Bradshaw et al. [13].

As shown in Equation 2.51 and Equation 2.52, the natural frequency as well as the

resonant frequency is the function of the sum of the mechanical spring stiffness and

the gas spring stiffness. It can be seen in Equation 2.48 that the latter one depends on

the pressure ratio (PR), and its value will increase with the increasing pressure ratio.

Due to the non-linearity of gas spring stiffness behavior, reported by Liang [59], the
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gas spring should be avoided in the design and ensure that the resonant frequency

is dominated by mechanical spring stiffness otherwise there may be some numerical

instabilities and unexpected compressor movement control issues showing up. A large

spring stiffness is adopted that dictates a small variation in resonance frequency to

avoid the effects of the non-linear gas spring, shown in Equation 2.54 when ks � kgas

and can minimize piston drift issues, which could become especially significant for

larger pressure ratio applications.

f =
1

2π

√
ks + kgas
meff

=
1

2π

√
ks
meff

(2.54)

2.6.3 Oil viscosity

The dynamic linear compressor model presented in this report is general enough

to account for both oil-free and oil-lubricated compressor. In terms of damping coeffi-

cients associated with oil film, it is necessary to determine the oil viscosity inside the

compressor, which is a function of the local instantaneous temperature and pressure.

The correlation of POE oil density and viscosity was derived and reported first by

Kauzlarich [60] as shown in Equation 2.55. In this correlation, VG is the ISO-VG

number which is given by compressor manufacturer.

µoρo =

{
0.0400 exp

[
458.4

To + 240.5

]}
V G

{
0.2097 exp

[
473.9

To+123.7

]}
(2.55)

where ρo is the oil density given by:

ρo = (0.8753− 0.00062To)V G
0.0374 (2.56)

2.7 Motor Model

Pollak et al. [4] proposed a motor model that utilizes a parallel effective resistance

and inductance. This simplified model, adopted by many researchers [13, 14, 34],
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assumes that the compressor motion is harmonic and the input power follows sinu-

soidal voltage and current variations. However, this approach does not consider the

dynamic interaction of the current, piston movement, and input voltage. Further-

more, the method was not validated for dynamic and transient analysis. Therefore,

a dynamic model for the motor electric circuit that considers these interactions and

that includes the input voltage V, inductance L, electric resistance R, capacitance C,

and coupling to the piston velocity is proposed in Equation 2.57.

Fig. 2.12. Electric circuit diagram used in linear compressors

Ve − uemf(t) = Lİ +RI +
1

C

∫
Idt (2.57)

where uemf(t) represents the back Electromotive force (EMF), which is the induced

voltage generated in the magnetic field due to relative motion between piston and

stator winding, calculated with Faraday’s Law as:

uemf(t) = Blẋp = αẋp (2.58)

where B is the magnetic density and l is the length of the conductor. However,

the motor factor α is always used to calculate EMF, which can be obtained from

nameplate of the motor or correlated with experimental data.

Once the input current is determined from the circuit equation, the input and

output power are calculated based on Equation 2.59 and Equation 2.60, which is the
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square root of the arithmetic mean of the transient power consumption. The motor

efficiency is obtained from Equation 2.61, coupled with the piston model presented

in Equation 2.45.

Ẇin,RMS =

√
1

n

∑
Ẇ 2
in(t) =

√
1

n

∑
(V (t)I(t))2 (2.59)

Ẇout,RMS =

√
1

n

∑
Ẇ 2
out(t) =

√
1

n

∑
(αI(t)ẋp(t))2 (2.60)

ηm =
Ẇout,rms

Ẇin,rms

(2.61)

where n is the number of the calculated values at each time step.

2.8 In-cylinder Heat Transfer Model

The instantaneous heat transfer process between cylinder wall and compression

chamber is due to the turbulent relative motion of the working fluid. This process

is similar to that in conventional reciprocating compressor and is determined by the

correlation shown in Equation 2.62 that was proposed by Adair et al. [61]. The heat

transfer coefficient hc is obtained from Nusselt number and used to determine the

instantaneous heat transfer rate using Equation 2.64. The instantaneous transient

heat transfer rate between cylinder wall and compressor chamber is calculated at

each time step and the overall heat transfer rate for each of two control volumes,

shown in Figure 2.3, which is integrated in the overall energy balance of the entire

compressor.

Nu =
hcDp

k
= 0.053Re0.8Pr0.6 (2.62)

Re =
ρDẋp

µ
(2.63)
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Q̇ = hcAw(T (t)− Tcyl(t)) (2.64)

where Dp is the piston diameter, hc is the convective heat transfer coefficient, k is the

thermal conductivity, Aw is heat transfer area of the cylinder wall.

The in-cylinder heat transfer area (Aw) depends on the piston motion and is

coupled to the solution of the piston model. This is more complicated than the

solution for a conventional crank-driven reciprocating compressor where the surface

area variation can be predetermined from the sinusoidal shaped piston movement.

2.9 Overall Energy Balance

In order to close the compressor model, an overall energy balance (OEB) needs

to be imposed. In particular, a compressor is characterized by a heat flow network

in which heat is transferred between the working fluid and each control volumes

within the compressor. Additional heat is generated by friction and motor heat

generation. To limit the complexity of the problem, it is assumed that the temperature

distributions are uniform within the lumped mass. Such assumption is reasonable

given the fact that spatial variations of the temperatures are small with respect to

the average temperature of the component. The resulting thermal model is called

the lumped capacitance method, as proposed by Bergman [62], and it is used in this

study. This concept implies that temperature gradients within solids are negligible.

In order to account for the two simulation modes, two formulations of the overall

energy balance coupled with the other sub-models have been implemented. From

the available literature, Liu [63] and Chen [64] developed dynamic thermal network

models to predict transient temperatures for key components in a hermetic rolling

piston compressor and a hermetic scroll compressor, respectively. In both studies,

dynamic models for the overall energy balances were developed at first, and then

simplified to obtain a steady-state system of equations. For instance, Liu [63] used

the dynamic model and conducted the validation by using transient temperature
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measurements, but ultimately used a steady-state model due to the longer time-

scale of the lumped temperatures with respect to the highly-dynamic in-cylinder

compression process. Nevertheless, in the case of the linear compressor, it can be

beneficial having a dynamic OEB since the simulation starts from time zero.

As shown in Figure 2.13 and Figure 2.14, there are five unknown lumped tem-

peratures: the motor temperature, Tmotor; the cylinder wall temperature Twall, the

shell temperature Tshell; two control volume temperatures, Tcom and Tgas. It has to be

highlighted that the control volume temperatures are also coupled with the chamber

model, discussed in Section 2.2 and can be identified as follows:

Fig. 2.13. Schematic of the linear compressor with the different
lumped temperatures considered.

� Tamb : ambient temperature around the compressor;

� Tcom : lumped temperature of compressor (compression chamber);

� Tshell : lumped temperature of compressor shell;

� Tcyl : lumped temperature of cylinder wall;
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Rcyl,gas
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Rcom,cyl
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Roil,gasRoil,gas

motorT

gasT

cylT
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oilT
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ambT

,fric oilQ

,cylfricQ

motorQ

Fig. 2.14. Thermal resistance network of the overall energy balance
for the linear compressor.

� Tgas : lumped temperature of the gas within the compressor shell;

� Tmotor : lumped temperature of the motor;

� Toil : lumped temperature of the oil in the oil sump if applicable;

� Rcyl,comp : average thermal resistance between cylinder wall and compression

chamber;

� Rcyl,gas : average thermal resistance between cylinder and gas within the shell;

� Rgas,shell : average thermal resistance between gas within the shell and the shell;

� Rshell,amb : average thermal resistance between the compressor shell and ambient

air;

� Rmotor,gas : average thermal resistance between motor and gas within the shell;

� Roil,shell : average thermal resistance between oil in oil sump and the shell;
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� Roil,gas : average thermal resistance between oil in the oil sump and gas within

the shell;

� Q̇motor : rate of heat generated by motor;

� Q̇fric,cyl : rate of heat generated by friction on the cylinder wall (oil-free);

� Q̇fric,oil : rate of heat generated by friction on the oil (if applicable);

All the averaged thermal resistances are based on material properties and different

correlations for heat transfer coefficients in this study which are listed in Table 2.2.

Once the Nusselt number is obtained, Equation 2.65 and Equation 2.66 are used to

calculate the thermal resistance for each component. To this end, the transient overall

energy balance is obtained and coupled with the other governing equations to consist

a system of ordinary differential equations, shown in Equation 2.67.

hi,j =
Nuk

D
(2.65)

where k is the thermal conductivity coefficient and D is the characteristic length

Ri,j =
1

Ai,jhi,j
(2.66)

Once all the thermal resistances are determined, the temperatures of the main

compressor components listed above are solved simultaneously using the system of

equations represented by Equation 2.67. These equations are coupled to each other

through heat flows across the thermal resistances.

d

dt
(cp,iTi) =

∑ Tj − Ti
Rij

+ Q̇i,fric (2.67)

where i refers to the analyzed component and j is corresponding component based

on thermal resistance network and Q̇i,fric is the friction loss, applicable in motor,

cylinder and oil only. In addition, cp,i denotes the lumped thermal capacitance which

is usually given by Equation 2.68.
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Cp,i = micp,i (2.68)

where mi denotes the mass of each component and cp,i represents the specific heat of

the material of the component.

It is important to notice that most of the masses discussed above are constant

except for the gas mass inside the compression chamber which can be obtained from

the mass conservation in Equation 2.11. In addition, the specific heat of each compo-

nent can be assumed as constant value as well. Therefore, the transient temperatures

of the compressor system can be predicted from the group of first order of ordinary

differential equation which are coupled with other governing equations discussed in

previous sections.

Table 2.2.
List of some heat transfer correlations used in this study for energy balance.

Correlation Resistance Reference

Nu = 0.053 k
Dh

Re0.8Pr0.6 Rwall,comp [61]

Nu = 4.36 Rwall,gas [61]

Nu = 0.037(Re4/5 − 871Pr1/3 Rshell,gas [65]

Nu = 0.825 + 0.387Ra1/6[
1+(0.492/Pr)9/16

]8/27 Rshell,amb [65]

Nu = 0.11(GrPr)1/3 Rmotor,gas [66]

Nu = 0.818Pr1/3Ra0.034 Roil,shell [67]

Nu = 0.27Ra0.25 Roil,gas [65]

Instead of using capacitance in the thermal network analysis, there is no time-

based integration for the overall energy balance for the quasi-steady mode. Therefore,

multiple preliminary guess values are made for lumped temperatures, which must

be determined iteratively through the cycle. The overall energy balance, shown in
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Equation 2.69, is then enforced by solving each of the lumped masses based on a

global energy balance over the course of a periodic cycle.

Ẇloss +
∑

Q̇i(Tlump) = 0 (2.69)

where Ẇloss is the mechanical losses within the compressor and Q̇i(Tlump) denotes the

heat transfer between each lumped temperature.

2.10 Numerical Solution Approach

As previously outlined, there are two simulation modes, i.e., dynamic start-up

and periodical steady-state, in the proposed simulation framework. For a given set

of boundary conditions (inlet refrigerant pressure and temperature, refrigerant outlet

pressure, and ambient temperature), the dynamic start-up mode tracks the time evo-

lution of the short-term dynamics of the oscillating piston, the longer-term dynamics

associated with the thermal inertia of the compressor materials, and the coupling be-

tween the two. On the other hand, the steady-periodic mode allows the compressor

materials to achieve steady-state conditions for a given set of boundary conditions

and outputs the steady-periodic solution for the dynamics associated with a complete

cycle of the piston from suction to discharge. The overall solution algorithm of these

two simulation modes are show in Figure 2.15 and Figure 2.16, respectively.

Both the dynamic start-up and steady-periodic modes begin with specified com-

pressor geometry data and operating (boundary) conditions as inputs. The model

in the dynamic mode, shown in Figure 2.15, also has inputs that define the initial

conditions related to the lumped temperatures along with the piston position. At

each time step, the governing differential equations and sub-models are coupled and

executed to determine derivatives that are integrated by a general solver. An adap-

tive Runge-Kutta integrator 4th/5th (RK45) is used for integration of the system of

differential equations with variable step-size that is based on maintaining a required

error per step.
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For a given set of temperature conditions for the lumped masses, the dynamics

associated with the piston motion and compression process are solved for a complete

cycle. To reach the periodical steady-state cycle, the compressor must satisfy criteria

for mechanical and electrical steady-periodic behavior as well as when the thermal

states reach steady-state conditions associated with the specified boundary condi-

tions. For a given set of lumped mass states, periodic steady-state behavior of the

piston motion is enforced by checking the cyclic dynamic convergence (rcycle), i.e.,

the residuals of piston displacement/velocity, in-cylinder pressure/temperature and

current variation within the linear motor at the end of every simulated cycle. After

this step, the simulation is not terminated until the simulation process reaches the

preset ending time (tend). The transient mode of the simulation model can be used

to investigate compressor transient behavior in terms of thermodynamic, electric and

mechanistic aspects and can also be run to a steady-periodic solution in order to allow

the impact of design changes on steady-state performance.

However, the use of the model for steady-state design analysis is challenging be-

cause of significant computational requirements. Therefore, a periodical steady-state

mode was also developed to more appropriately accommodate design analysis. Fig-

ure 2.16 depicts the algorithm flow chart of the periodical steady-state mode. The

structure of the flow chart is similar to the dynamic mode but is constructed with

more decision symbols and different loops. From the previous analysis, it should be

apparent that the piston motion profile, i.e., piston instantaneous displacement and

velocity, results from a coupling between the motor and chamber models as well as

other sub-models. Given an initial guess for the piston motion profile (Xp), the solu-

tion for the piston and motor models is decoupled from the main solver, which covers

the energy balance, valve dynamics and some other sub-models. The benefit from

this decoupling approach is a faster convergence of the model since the piston and

the motor follow the oscillation profile, but the in-cylinder pressure/temperature are

more predictable.
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Similar to the characteristic of a conventional reciprocating compressor, a sinu-

soidal shape of piston motion profile is assumed at the beginning of the cycle. More-

over, a random starting time (tstart) of the analyzed periodical steady-state cycle is

defined. The main solver is then executed until the energy balance convergence crite-

ria have been reached within one cycle and the thermodynamic profiles of each control

volume can be obtained. Then, the piston and motor models with some additional

initial guess values are coupled with the calculated thermodynamic profiles. At each

iteration, a new piston motion profile is obtained, which doesn’t necessarily follow a

sinusoidal shape. The outer loop’s role is to enforce the linkage between mechanics

and energy balances for each control volume. In particular, the lumped tempera-

tures that are being adjusted at each step of the loop for energy balances, vibration

parameters are iterated at each step of the loop for mechanics loop.

2.11 Summary

In summary, a comprehensive linear compressor simulation model was developed

to describe both the transient and periodic-steady behavior of a linear compressor and

associated energy flows. The overall model is composed of several sub-models that

include a dynamic piston, tube, flow, electrical motor, and heat transfer. The model

was used to predict and analyze the performance of a commercial linear compressor.

Both transient and periodical state-state simulation results were presented and an-

alyzed. The simulation results based on this model and a detailed model validation

will be presented in the following chapters.
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Fig. 2.15. The flow chart of the dynamic start-up mode in the pro-
posed linear compressor simulation model.
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Fig. 2.16. The flow chart of the periodical steady-state mode in the
proposed linear compressor simulation model.
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3. EXPERIMENTAL TESTING OF COMMERCIAL

LINEAR COMPRESSORS

The commercialized compressors showed better and repeatable performance com-

pared to earlier prototypes mentioned in the literature. However, relatively limited

information was reported in the literature with respect to the linear compressor mod-

eling work based on the commercial products and experimental validation was totally

absent. In this chapter, two commercial linear compressors are used to conduct ex-

perimental investigations to better understand the behavior of the linear compressor

technology. In particular, the tests are performed by employing a hot-gas by-pass test

bench available at the Ray W. Herrick Laboratories. The measurements of the linear

compressors include the compressor mass flow rate, suction and discharge pressure

and temperatures as well as the electrical power consumption. The objectives are two-

fold: (i) characterize and compare the performance of the commercial compressors

through their operating envelope; (ii) gather experimental data to be used for model

validation in Chapter 4. (iii) conduct two experimental performance comparisons

between two compressors.

3.1 Description of Commercial Linear Compressors

A LG and an Embraco linear compressors have been selected to perform an in-

depth performance evaluation due to their significantly different designs. Both com-

pressors have been designed to work with either R134a or R600a in domestic refrig-

erators/freezers [68].

Figure 3.1 and Figure 3.2 show a picture and schematic diagram of Wisemotion oil-

free linear compressor from Embraco, respectively. It can be seen that the Wisemotion

compressor is more compact than conventional reciprocating compressors. By looking
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at the internal structure of the compressor, it can be noted that it has been designed

to be independent from the frequency variations during operation. In fact, instead

of using multiple set of springs, a single thick spring and two suspension systems are

included to stabilize the movement of piston as well as reduce the vibration. Similar

to the LG linear compressor, presented in Section 1.2, the suction valve and discharge

valve are located at the end of the piston and cylinder, respectively. The Wisemotion

linear compressor is an oil-free technology and the refrigerant is employed to lubricate

the only bearing of the assembly, which presents a special anti-wear surface coating.

Fig. 3.1. Picture of Embraco linear compressor.

LG has been developing and employing linear compressor in many of their domes-

tic refrigerator/freezers for nearly 10 years. The commercial LG linear compressor is

shown in Figure 3.3 and its design resembles that one of a conventional reciprocating

compressor [10]. A detailed schematic of the compressor is provided in Figure 3.4.

Based on the previous student’s work [13], it was determined that 150 mL of a syn-

thetic refrigerant POE oil was added into the compressor system and drained through

the oil sump and oil channel for lubrication. One tubular motor was used to provide

the driving force for the piston reciprocating movement and several laminations which

cover the copper coils were designed to generate the electromagnetic filed.
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Fig. 3.2. Schematic diagram of Embraco linear compressor.

Fig. 3.3. Picture of LG linear compressor.

Table 3.1 shows a summary of these two linear compressors including basic infor-

mation and geometry for each of them, respectively. By analyzing the listed features

of two compressors, several significant aspects can be concluded as follows:
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Fig. 3.4. Schematic diagram of LG linear compressor.

� Piston dimension in the Wisemotion compressor is smaller than in LG compres-

sor as well as the piston mass, which requires less power to drive the piston at

the same operating condition.

� One thick spring is installed in the Wisemotion compressor while there are a

total of 8 springs as a system used in the LG compressor.

� Both suction and discharge valves in the Wisemotion compressor have larger

size than the ones in the LG compressor.

� The Wisemotion compressor has a much larger clearance gap than the LG

compressor due to its oil-free operation.

� One suspension system was used in the Wisemotion compressor to absorb the

vibration as well as the noise from the motor.
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Table 3.1.
Summary of two commercial linear compressors.

Manufacturer LG Embraco

Basic Information

No. FLB075LBNA WMD 7H

Ref R134a R134a

Motor Tubular linear motor Separated linear motor

Lubrication Oil Refrigerant

Vibration Absorption No Yes

Control Voltage/current control Impact sensor

Orientation Verical Horizontal

Suspension system No Yes

Geometry

Size (cm) 20/18/20 30/13/12

Piston diameter (cm) 2.65 1.95

Piston Length (cm) 7.96 5.17

Piston mass (kg) 0.63 0.04

Total Spring mass (kg) 0.16 0.24

Number of spring (-) 8 1

Clearance gap (µm) 5 9

Suction valve diameter (cm) 0.52 1.80

Discharge valve diameter (cm) 2.95 3.65

Suction valve type reed valve reed valve

Discharge valve type plate valve reed valve

3.2 Experimental Test Setup

Both linear compressors have been tested in a hot-gas bypass compressor load

stand and R134a has been used as the working fluid during the compressor perfor-

mance testing. Figure 3.5 and Figure 3.6 show the schematic and picture of the test
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stand used for the Wisemotion linear compressor testing. In the test bench for the

LG linear compressor, shown in Figure 3.7 and Figure 3.8, several modifications were

added to accommodate the oil-lubricated aspect. An oil separator having one inlet

and two outlets, was used to separate oil that was discharged with the compressed

refrigerant by the compressor system. Oil flow was pushed by the high pressure gas

in the discharge line back to the suction line when the needle valve is open with high

resolution flow orifice. To ensure oil starvation did not occur, a sight glass was added

to monitor oil levels in the test system to indicate if the needle valve was needed to

open for oil flowing back.

The hot-gas bypass test stand includes three pairs of needle valves, located in the

discharge line, bypass line, and liquid line, respectively. Each pair of valves consists of

one valve for coarse tuning and one for fine tuning. These valves serve the following

control functions:

� The valves in the bypass line are used to control the suction pressure.

� The valves in the liquid line are used to control the superheat at the compressor

inlet.

� The valves in the discharge line are used to control the discharge pressure.

During the tests, the following compressor measurements were recorded: com-

pressor mass flow rate, suction and discharge temperatures, suction and discharge

pressures, intermediate pressure and temperature, and compressor power. Using

these measurements, the overall isentropic efficiency can be calculated to evaluate

compressor performance, as defined by Equation 3.1.

ηo,is =
ṁmeas(hdis,is(T, P )− hsuc(T, P ))

Ẇmeas

(3.1)

where η is compressor efficiency , ṁ is the compressor flow rate, h is the enthalpy of

the gas. Ẇ denotes the compressor power.
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Fig. 3.6. View of test bench for Embraco linear compressor.

In the test stand, temperatures are measured with T-type thermocouples with

±0.25 °C accuracy. All pressures are measured with pressure transducers that have

an accuracy of ±0.13% of full scale. A Coriolis-effect mass flow meter with a rated

accuracy of ±0.1% has also been installed after the parallel needle valves NV01 and

NV02 in the discharge line to measure the mass flow rates of the refrigerant. Elec-

tric power consumption of the compressor is measured with a power meter with an

accuracy of ±0.1%. One tube-in-tube condenser is installed to condense the refrig-

erant to the subcooled liquid and one recirculating chiller is used to provide the

cooling capacity in the condenser. A data acquisition system is used to convert the

incoming voltages from the measuring instrumentation to digital signals for transfer

to a personal computer. The computer uses a proper data reduction program for

further data analysis. During the tests, the following compressor measurements were

recorded: compressor mass flow rate, suction and discharge temperatures, suction and

discharge pressures, intermediate pressure and temperature, and compressor power

consumption. Using these measurements, the compressor performance was evaluated.
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Fig. 3.8. View of test bench for LG linear compressor.

Figure 3.9 shows the P-h diagram of the entire cycle in the hot-gas bypass test

stand. The compressor operates between state point 1 and point 2. After that,

the high-pressure gas is expanded across a set of parallel valves to an intermediate

pressure at state point 3. Then the flow is distributed into two flow lines: hot gas

line and liquid line. In the liquid line, the refrigerant flow through one tube-in-tube

condenser and is condensed to the subcooled liquid at state point 6 where point

5 is saturated liquid point at intermediate pressure. The subcooled liquid is then

isenthalpically throttling to the suction state point 7. In the hot-gas bypass line, two

parallel valves are used to reduce the refrigerant pressure to the compressor suction

pressure at the state point 9. By controlling the ratio of these two-line flow rates, the

suction pressure as well as the superheated suction temperature (difference between

point 8 and point 1) can be controlled and adjusted accordingly and the mixed state

point is state point 1 as the closure of the cycle.
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Fig. 3.9. P-h diagram from Embraco linear compressor tested in hot-
gas bypass test stand from Embraco.

3.3 Measurement Devices and Uncertainty Analysis

Assuming that the experiment has been setup correctly with good calibration to

eliminate the fixed errors, there are still some random errors (non-repeatability) in

each experimental reading. An uncertainty analysis is the procedure used to quantify

data validity and accuracy. The experiments for the two linear compressors in this

work involve the uncertainty of the instrumentation used for all measurements. The

goal of this section is to summarize all the uncertainties for each instrument and

report the preliminary uncertainty analysis for the tests discussed in this work.

During the experimental data analysis process, there are two parameters associ-

ated with each test: direct measured parameters, such as temperature, pressure, mass

flow rate, pressure, frequency, etc. and indirect calculated parameters, including ef-

ficiency, COP, heat loss, etc. The uncertainty of the direct measurements depends
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on the accuracy of the devices used in the tests and the indirect parameters are the

function of the direct measured properties, which are determined by:

u(x) =

√√√√ n∑
i=1

(
∂x

∂ri

u(ri)

)2

(3.2)

where u(x) denotes the parameter for uncertainty analysis. n is the number of direct

measured parameters. The partial differential ∂x
∂ri

represents the relative uncertainty

in the result due to uncertainty in ri.

Table 3.2 gives a summary of the devices used for all the tests and the uncertainty

of each instrument, including: parameter, device name, manufacturer, model number

and the uncertainty associated with each measurement. Due to the different features

for two compressors, two different motor diver and power meter were used for each

experiment and the superscript 1 denotes the devices used for the Embraco Wisemo-

tion linear compressor and superscript 2 represents the devices used for the LG linear

compressor, respectively.

Table 3.2.
Summary of the measurement devices used for testing and the uncertainties.

Parameter Device Manufacturer Model No. Uncertainty

Temperature Thermocouple OMEGA TMQSS-062 ±0.2K
Pressure Pressure Sensor OMEGA PX176-015A ±4kPa

Mass Flow Rate MicroMotion EMERSON CMF010 ±0.35%

Frequency AC Driver
EMBRACO WMD7H1 -

tGSX GS2-10P22 ±5%
Coolant Flow Rate Flow Meter OMEGA FL-3207G ±2%
Cooling Capacity NESLAB THERMO HX-500 ±0.1 °C

Power Consumption Power Meter
AMTEX XL5C51 ±0.1%

OSI PC8-005-08E2 ±0.1%
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For example, the evaluation of the overall isentropic efficiency of a linear com-

pressor, shown in Equation 3.3, is a function of mass flow rate, suction/discharge

temperatures and pressures, and power consumption. This calculation is associated

with the uncertainty of all devices used in this measurement: mass flow meter, pres-

sure transducer, thermocouple, and power transducer. The overall uncertainty of the

overall isentropic efficiency would be the combination effects from all these aspects,

denoted by the letter A (Temperature), B (Pressure), C (mass flow rate) and D (power

consumption) and the overall uncertainty is obtained from the square root of the sum

of all four aspects, shown in Equation 3.4, where all the aspects are determined by

the Equation 5.7 to Equation 3.8.

ηo,is =
ṁmeas(hsuc(T, P )− hdis(T, P ))

Ẇin,meas

(3.3)

u(η) =
√

A + B + C + D (3.4)

A =

[(
∂η

∂Tsuc

)
u(Tsuc)

]2

+

[(
∂η

∂Tdis

)
u(Tdis)

]2

(3.5)

B =

[(
∂η

∂Tdis

)
u(Tdis)

]2

(3.6)

C =

[(
∂η

∂ṁ

)
u(ṁ)

]2

+

[(
∂η

∂Ẇ

)
u(Ẇ )

]2

(3.7)

D =

[(
∂η

∂Ẇ

)
u(Ẇ )

]2

(3.8)

Basically, after analyzing the number of direct parameters associated with the

measurements, Equation 3.4 to Equation 3.8 can be used to estimate the uncertain-

ties for other parameters as well, like heat loss, system COP, following the similar

procedures to the example of the overall isentropic efficiency discussed above.
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3.4 Testing Matrix

Two test matrices have been identified to properly test each compressor. Each

test matrix is described below.

3.4.1 Embraco Wisemotion linear compressor

It has been reported that Wisemotion linear compressor can run on a wider range

of capacity modulation instead of switching on and off, which results in the minimum

temperature variation and smaller vibration because the compressor operation is not

based on the frequency variation significantly. A linear compressor testing envelope

was given by Embraco, which includes steady operation region and transient operation

region in terms of different evaporation and condensation temperatures and the test

matrix is shown in Figure 3.10. To characterize the performance of the compressor,

three sets of tests were chosen as the testing matrix. In particular, twelve regular

tests were conducted to evaluate the compressor performance with normal inverter

input frequencies: 50Hz, 60Hz, 70Hz. Since Wisemotion compressor is designed with

variable capacity, and nine tests were picked up to test the compressor with different

inverter input frequencies as well as the power consumption. Finally, one boundary

condition was used to check if compressor works functionally with three frequencies.

A total of 28 points were tested and used to characterize the compressor per-

formance and for the future validation of the dynamic model, shown in Table 3.3.

During all tests, the following compressor measurements were recorded: compressor

mass flow rate, suction and discharge temperatures, suction and discharge pressures,

intermediate pressure and temperature, and compressor power consumption. Using

these measurements, the compressor performance was analyzed.
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Fig. 3.10. Embraco linear compressor test envelope.

Table 3.3.
Test matrix for Wisemotion linear compressor (with 15 °C superheat
and f denotes the inverter input frequency)

Test Type No. of Test Test Conditions

A1 4 PR = 10; Psuc = 138 kPa; f = 50,60,70 Hz

A2 4 PR = 6; Psuc = 138 kPa; f = 50,60,70 Hz

A3 4 PR = 3; Psuc = 276 kPa; f = 50,60,70 Hz

A4 4 PR = 6; Psuc = 276 kPa; f = 50,60,70 Hz

B 9 PR = 5; Psuc = 138 kPa; f = 50-130 Hz

C 3 PR = 10; Psuc = 70 kPa; f = 50,60,70 Hz

3.4.2 LG linear compressor

Instead of having a large range of input frequency, the LG linear compressor is

designed to operate over a much narrower range of frequencies between 50 Hz and

65 Hz and the motor inverter has 53 Hz as a nominal frequency. The test matrix
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for compressor B in terms of different input frequencies and pressure ratios with a

fixed suction condition is shown in Figure 3.11. Assuming an evaporator superheat

for a refrigerator of 15 °C, the suction condition was fixed as 105 kPa and -5 °C

corresponding to Tevap = −20 °C. Considering the effect of an equivalent pressure

gas spring, the system was unsteady at high pressure ratios as discussed in Zhang et

al [69] and therefore, the test matrix was divided into steady and unsteady operating

conditions. The critical point for unsteady behavior is a pressure ratio of 9. Four

pressure ratios and five frequencies were selected corresponding to a conventional

refrigerator/freezer application, resulting in a total of 20 test points.
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Fig. 3.11. LG linear compressor test envelope.

3.5 Experimental Results

3.5.1 Embraco Wisemotion linear compressor

Table 3.4 shows the experimental results obtained with the Embraco linear com-

pressor using the hot-gas bypass test stand. As mentioned before, three sets of tests

were chosen as the test matrix with different objectives of performance characteriza-

tion. In test set A and C, three inverter input frequencies, i.e., 50Hz, 60Hz, 70Hz,
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were used as different operating conditions. Two pressures, 138 kPa and 276 kPa,

were selected as the suction conditions which are based on the test envelope, shown

as A1, A2 with 138 kPa and A3, A4 with 276 kPa in Figure 3.10.

Table 3.4.
Experimental results from Embraco linear compressor with uncertainties.

Test No.
Psuc u(Psuc) Pdis u(Pdis) PR ṁ u(ṁ) Ẇin u(Ẇin) f

(kPa) (kPa) (kPa) (kPa) (-) (g/s) (mg/s) (W) (W) (Hz)

A1

157.13 ±0.35 1605.93 ±4.27 10.22 0.76 ±2.63 68.60 ±0.07 70

154.99 ±0.35 1613.03 ±4.27 10.40 0.62 ±2.61 59.29 ±0.06 60

172.99 ±0.35 1627.37 ±4.27 9.41 0.55 ±2.61 47.94 ±0.05 50

A2

150.72 ±0.35 1059.59 ±2.96 7.03 1.01 ±3.52 69.23 ±0.07 70

161.75 ±0.35 1041.25 ±2.96 6.44 0.89 ±3.14 60.16 ±0.06 60

167.88 ±0.35 1045.78 ±2.96 6.22 0.75 ±2.63 49.30 ±0.05 50

A3

287.79 ±0.69 1089.37 ±2.96 3.78 1.58 ±5.52 69.39 ±0.07 70

279.44 ±0.69 1047.93 ±2.96 3.75 1.36 ±4.73 59.09 ±0.06 60

299.16 ±0.69 1074.75 ±2.96 3.59 1.17 ±4.12 50.33 ±0.05 50

A4

279.86 ±0.69 1725.68 ±4.27 6.17 1.04 ±3.52 69.19 ±0.07 70

287.03 ±0.69 1755.96 ±4.27 6.05 0.87 ±3.14 59.99 ±0.06 60

275.10 ±0.69 1723.41 ±4.27 6.26 0.70 ±2.63 49.40 ±0.05 50

B 175.82 ±0.35 1005.25 ±2.96 5.72 - - - - 50-130

C

76.95 ±0.20 769.94 ±2.07 10.00 0.76 ±2.63 68.49 ±0.07 70

77.01 ±0.20 762.70 ±2.07 9.90 0.66 ±2.61 58.43 ±0.06 60

76.05 ±0.20 750.22 ±2.07 9.864 0.53 ±2.61 49.29 ±0.05 50

The Wisemotion linear compressor utilizes a linear variable capacity technology

to modulate the mass flow rate and capacity. Instead of varying the electrical fre-

quency/compressor speed in a conventional variable speed compressor, the controller

adjusts the voltage and power to the linear motor and the displacement of the piston

in the Wisemotion varies directly with power as well as the cooling capacity. The

driving frequency to the piston is not related to the inverter input frequency but
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maintained at/close to the design natural frequency, which results in steady running

pace with less vibration and lower noise level, instead of conventional on/off switching

logic.

Figure 3.12 shows the relationship between the inverter input frequency and motor

power consumption, given by the manufacturer. It can be seen that there is no power

output when the inverter input frequency is below 20 Hz and the maximum power

is controlled to be 160 W, when the frequency is beyond 160 Hz. When the input

frequency is in the range from 20 to 160 Hz, the motor power is a linear function

of input frequency, which is related to the internal controller of the compressor for

variable piston stroke.
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Fig. 3.12. Relationship between inverter input frequency and motor
power in Wisemotion linear compressor.

The experimental results for three sets of tests will be presented in the following

sections with respect to different performance aspects, including: power consump-

tion, mass flow rate, heat rejection, overall isentropic efficiency and system COP.

Each parameter was investigated as a function of pressure ratio and input frequency,

respectively.
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Test A

In this test set, four operation points, marked in Figure 3.10 were selected as the

tested conditions with two suction pressures: 138 kPa and 276 kPa. For each test

set, the compressor was tested with three different input frequencies receptively.

Figure 3.13 shows the measured power data as a function of pressure ratio. The

variation of power is minimal with respect to different pressure ratio. It can be con-

cluded that the motor power in the Embraco linear compressor is only a linear function

of the frequency and does not depend on the imposed pressure ratio, which differs

from the conventional reciprocating compressor where the condition with higher pres-

sure ratio requires more power to drive the piston movement. Basically, this can be

explained by looking at Figure 3.12. The motor power of the Wisemotion linear

compressor is only a function of the input frequency, which is a very special feature.
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Fig. 3.13. Motor power as a function of pressure ratio in Wisemotion
linear compressor.

Figure 3.14 shows the experimental mass flow rate as a function of pressure ratio at

different operating frequencies of the compressor. It can be noted that the compressor

delivered more mass flow rate with smaller pressure ratio. Moreover, for the same

pressure ratio, the mass flow rate is not affected significantly by the suction pressure
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(i.e. different compressor operating conditions). This fact can be seen by comparing

the data points in the center of Figure 3.14 where suction pressures are 138 kPa and

276 kPa, respectively.
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Fig. 3.14. Mass flow rate as a function of pressure ratio in Wisemotion
linear compressor.

Figure 3.15 shows the variation of mass flow rate as a function of inverter input

frequency for different pressure ratios and suction pressures. Higher mass flow rates

can be obtained with higher input frequencies. Furthermore, the mass flow rate shows

linear trends with respect to the input frequency at different operating conditions.

From the Figure 3.15, it can still be noted that the measured mass flow rate points

are overlapped with same pressure ratio which indicates the suction pressure has little

influence on the mass flow rate variation.

The heat rejection rate is defined as the heat loss from the compressor to the

surrounding, which is an indirect calculated factor to evaluate the performance of a

compressor. This parameter shows the energy transfer difference between the input

power and the work on the compression chamber, calculated by Equation 3.9.

Q̇amb = Ẇin,meas + ṁmeas(hsuc − hdis) (3.9)
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Fig. 3.15. Mass flow rate as a function of input frequency in Wisemo-
tion linear compressor.

Figure 3.16 depicts the variation of heat rejection rate as a function of pressure

ratio. It is seen that smaller pressure ratio is associated with less heat loss rate which

means most of the input power was converted to the work on the refrigerant. Due to

the fact that the input power is independent of pressure ratio, seen in Figure 3.13, it

can be predicted that the compressor will have higher efficiency with smaller pressure

ratio with less heat rejection with the same power consumption. In addition, it also

can be observed that suction pressure now affects the heat rejection rate slightly in

terms of the same pressure ratio and the condition with higher suction temperature

rejects more heat to the surrounding.

From Figure 3.17, it can be observed that the heat loss increases by up to 40%

under larger pressure ratio with the increase of input frequency. However, at low

pressure ratios or at low suction pressures, the heat rejection is not significantly

affected by the variation of input frequency which may lead to more steady operating

conditions since the heat losses have negative impacts on the compressor performance.

Figure 3.18 and Figure 3.19 show the overall isentropic efficiency of the compressor

as a function of pressure ratio and input frequency, respectively. The overall isentropic

efficiency of the compressor is defined as Equation 3.10. In particular, the definition
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Fig. 3.16. Heat rejection as a function of pressure ratio in Wisemotion
linear compressor.
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Fig. 3.17. Heat rejection as a function of input frequency in Wisemo-
tion linear compressor.

for overall isentropic efficiency takes into account all the losses of the compressor and

it is used as an overall performance metric for the compressor under investigation.

ηo,is =
ṁmeas(hdis,is(T, P )− hsuc(T, P ))

Ẇmeas

(3.10)



81

where ηo,is is the compressor overall efficiency , ṁ is the compressor mass flow rate,

h is the specific enthalpy of the gas. Ẇ denotes the compressor power input.
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Fig. 3.18. Overall efficiency as a function of pressure ratio in Wise-
motion linear compressor.

As is seen in Figure 3.18, the compressor shows better performance when the pres-

sure ratio is small. The overall efficiency reaches value up to 0.67 for a pressure ratio

of 4 and decreases down to approximately 0.55 for a pressure ratio of 10. Additionally,

at the same pressure ratio, i.e., pressure is 6 shown in the Figure 3.18, the condition

with 138 kPa suction pressure has higher overall efficiency than the measured point

with 276 kPa suction pressure. Basically, the results here are consistent with the data

shown in Figure 3.16 and Figure 3.13. When system pressure ratio is small, there

is less heat loss rate but with same power input compared with the condition under

larger ration, resulting in the higher overall efficiency of the compressor.

Furthermore, different input frequencies have limited influence on the overall ef-

ficiency of the compressor which is seen from Figure 3.19. As discussed before, both

power consumption and mass flow rate increase linearly as a function of input fre-

quency, presented in Figure 3.15 and Figure 3.12 and this overall effect is to maintain

the compressor operate at the steady running space with steady performance instead

of being based on the variable input frequency.
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Fig. 3.19. Overall efficiency as a function of input frequency in Wise-
motion linear compressor.

In order to have a better understanding of the performance of the tested linear

compressor, the system COP has been used as an indicator to evaluate compressor

performance based on the measured data. The system COP is defined by Equation

3.12 where Q̇cooling is given by Equation 3.11. By assuming that the system operates

under the fixed sub-cooling (5 K) and superheating temperatures (15 K), a simple

vapor compression cycle can be generated to conduct a simple system COP analysis

and the P-h diagram is created as Figure 3.20.

Q̇cooling = ṁmeas(h2 − h7) (3.11)

where h2 denotes the enthalpy at compressor inlet and h7 is the inlet enthalpy of the

evaporator. The two points can be seen on the P-h diagram in Figure 3.20.

COP =
Q̇cooling

Ẇmeas

(3.12)

As is shown in Figure 3.21, the compressor generates the higher system COP with

smaller pressure ratio whose trend is similar to the overall isentropic efficiency in

Figure 3.18. In particular, at the high pressure ratio 10, the system COP is relatively

low which indicates that the compressor is not able to run efficiently. In addition,
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Fig. 3.20. P-h Diagram for System COP analysis.

the measured compressor with lower suction pressure but at the same pressure ratio

would provide higher system COP which is approximately 2.5. It also can be observed

that the calculated system COP is relatively constant for different compressor input

frequencies, shown in Figure 3.22.

Based on the analysis above, it can be concluded that this linear compressor was

designed to operate at low pressure ratio conditions where the system can provide

a reasonably better performance. In addition, the motor power and mass flow rate

are strongly affected and controlled by the input frequency which indicates that the

control logic of this compressor is to maintain the compressor operation independent

of the input frequency but only a function of pressure ratio.
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Fig. 3.21. System COP as a function of pressure ratio in Wisemotion
linear compressor.
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Fig. 3.22. System COP as a function of input frequency in Wisemotion
linear compressor.

Test B

Since the Wisemotion linear compressor is designed with a linear variable capacity

compressor technology, it is interesting to assess whether the compressor has different

behaviors when the inverter input frequency is beyond normal frequency range. Based

on the measured data shown in Figure 3.23, the power consumption varies linearly
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with the mass flow rate of the linear compressor (capacity), by adjusting the piston

stroke int the compressor rather than changing the compressor speed significantly.

This results in the fact that the compressor performance, represent as efficiency, is

independent of conditions and capacity. This feature promises the compressor work

at very steady operation for all different operating conditions.
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Fig. 3.23. Motor power as a function of mass flow rate (capacity) in
Wisemotion linear compressor.

Based on the trend of mass flow rate and power consumption, the variation of

overall efficiency shows minor change with increasing mass flow rate (variable cooling

capacity). It can be concluded that the Wisemotion linear compressor can operate

over a wide range of capacity modulation with variable piston stroke, instead of

switching on and off, which results in smaller temperature variations and smaller

vibration.

Test C

Three extra test points at the boundary of the operating envelope have also been

considered with evaporating and condensing temperatures of -30 °C and 30 °C, re-

spectively. It can be observed that the compressor still works normally, but it runs
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Fig. 3.24. Overall efficiency as a function of mass flow rate (capacity)
in Wisemotion linear compressor.

with at slightly lower overall efficiency (approximately 0.6), compared to the previous

analyzed operating points.

3.5.2 LG linear compressor

Table 3.5 shows the experimental results of the LG linear compressor. As discussed

in Section 3.4, a 4×5 envelope with different pressure ratios and input frequencies was

used for the experiments. 20 points were tested in total and analyzed to characterize

the LG linear compressor performance. In particular, the input voltage and current of

the motor in the LG linear compressor were measured and recorded. These parameters

are very significant inputs for the future model validation.

Similar to the analysis of the Wisemotion linear compressor, the experimental re-

sults of the LG linear compressor are analyzed and discussed with respect to different

performance aspects, including: power consumption, mass flow rate, overall efficiency

and system COP. Each parameter is investigated as a function of pressure ratio and

input frequency.
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Table 3.5.
Experimental results from LG linear compressor with uncertainties.

Test No.
Psuc u(Psuc) Pdis u(Pdis) PR ṁ u(ṁ) Ẇin u(Ẇin) f U I

(kPa) (kPa) (kPa) (kPa) (-) (g/s) (mg/s) (W) (W) (Hz) (V) (A)

1 89.28 ±0.21 373.00 ±0.89 4.18 1.31 ±4.58 80.15 ±0.08 50 183 0.40

2 104.78 ±0.28 404.72 ±0.89 3.88 1.75 ±6.13 105.42 ±0.10 53 195 0.45

3 102.39 ±0.28 402.24 ±0.89 3.93 1.86 ±6.51 181.54 ±0.18 56 206 0.70

4 104.59 ±0.28 390.45 ±0.89 3.73 1.33 ±4.58 119.31 ±0.12 60 220 1.35

5 102.59 ±0.28 370.52 ±0.89 3.61 0.78 ±2.73 90.20 ±0.09 63 220 1.35

6 101.28 ±0.28 535.86 ±1.32 5.29 1.51 ±5.28 97.81 ±0.10 50 184 0.40

7 105.49 ±0.28 517.73 ±1.31 4.91 1.80 ±6.51 133.91 ±0.13 53 195 0.50

8 102.87 ±0.28 549.93 ±1.33 5.35 1.91 ±6.68 209.20 ±0.21 56 205 0.90

9 104.46 ±0.28 548.62 ±1.33 5.25 1.43 ±5.00 133.56 ±0.13 60 220 1.30

10 106.66 ±0.28 563.58 ±1.35 5.28 0.83 ±2.87 100.70 ±0.10 63 220 1.30

11 105.49 ±0.28 743.87 ±1.79 7.05 1.28 ±4.58 98.69 ±0.08 50 184 0.35

12 104.42 ±0.28 691.41 ±1.77 6.82 1.68 ±5.88 131.55 ±0.13 53 194 0.60

13 108.25 ±0.28 722.02 ±1.78 6.67 1.74 ±6.13 174.52 ±0.17 56 205 1.45

14 107.49 ±0.28 743.46 ±1.79 6.92 1.40 ±4.86 136.18 ±0.14 60 220 1.30

15 101.08 ±0.28 689.48 ±1.75 6.82 0.83 ±2.87 103.98 ±0.10 63 220 1.30

16 76.88 ±0.14 843.23 ±2.06 10.97 0.62 ±2.87 72.07 ±0.07 50 184 0.35

17 89.84 ±0.21 963.96 ±2.34 10.73 1.08 ±3.78 109.48 ±0.11 53 194 0.40

18 96.87 ±0.28 1030.49 ±2.55 10.64 1.39 ±4.86 163.94 ±0.16 56 205 1.40

19 106.94 ±0.28 995.46 ±2.48 9.31 1.35 ±4.83 130.24 ±0.13 60 220 1.30

20 98.25 ±0.28 917.62 ±2.34 9.34 0.58 ±2.03 87.57 ±0.08 63 220 1.30

Figure 3.25 shows the experimental mass flow rate as a function of pressure ratio at

different operating frequencies of the compressor. It can be noted that the trend was

not as linear as that on the Wisemotion linear compressor. It is seen that the mass

flow rate increases gradually until it reaches to a peak and then drops significantly

with the increasing pressure ratio under lower input frequency, i.e. 50 Hz, 53 Hz and

56 Hz. The peak occurs when the pressure ratio is approximately 5.5. However, when

the input frequency equals 60 Hz or 63 Hz, the mass flow rate is relatively stable with
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the variation of pressure ratio but still has a maximum flow rate approximately at

pressure ratio 6.

One potential reason for this result is the resonant frequency of the system. It is

observed that the maximum mass flow rate was delivered with the input frequency

56 Hz for all operating conditions, which indicates the system resonant frequency is

close to 56 Hz when the maximum stroke can be obtained as well as the corresponding

maximum mass flow rate. In addition, the gas pressure force depends on the pressure

ratio. It dominates the piston movement when pressure ratio is small (i.e. less than

5.5) at low frequency input. In this case, a longer piston stroke can be achieved, which

results in high mass flow rate. After the peak, the piston stroke is not significantly

affected by pressure force but determined by the driving force associated with the

input frequency. Especially at operating conditions with high frequency of 60 Hz and

63 Hz, the mass flow rate was relatively stable compared to the other three conditions.
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Fig. 3.25. Mass flow rate as a function of pressure ratio in LG linear compressor.

Variation of mass flow rate as a function of input frequency for different pressure

ratios can be seen in Figure 3.26. It is noticed that there is a peak at the specific

operating frequency of the system which is approximately at 56 Hz no matter how

much the pressure ratio is for the system. It can be concluded that this operating

point produces the maximum piston stroke as well as the mass flow rate. Besides,
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green curve, i.e. PR = 5, always provides the highest flow rate which demonstrates

that the gas pressure force dominates the piston stroke, as previously discussed. In

addition, the mass flow rate in all operating points has a large variation range from

0.6 to 1.9 g/s.
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Fig. 3.26. Mass flow rate as a function of input frequency in LG linear compressor.

Figure 3.27 depicts the variation of power consumption as a function of pressure

ratio. It is seen that the trend of power consumption shows very a similar pattern

to the variation of mass flow rate. It can be explained by the fact that more flow

rate needs more power consumption and the maximum power consumption of 210 W

happens at an input frequency 56 Hz.

A dome shape performance can still be seen in Figure 3.28, which presents the

variation of power consumption as a function of input frequency. Although more

power is consumed at the resonant frequency, it can be predicted based on the sim-

ulation results that the motor runs more efficiency at the optimal point when the

maximum amount of electrical energy can be converted to the mechanical energy and

the maximum piston stroke as well as the mass flow rate can be obtained accordingly.

It can be seen from Figure 3.29 that the compressor overall efficiency increases

slightly with increasing pressure ratio but this trend is not very clear. Based on the

previous analysis, the system mass flow rate and power consumption are mainly deter-
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Fig. 3.27. Motor power as a function of pressure ratio in LG linear compressor.
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Fig. 3.28. Mass flow rate as a function of input frequency in LG linear compressor.

mined by the input frequency and only affected slightly by pressure ratio. Therefore,

it can be concluded that the pressure ratio may not be a good indicator to investi-

gate the overall efficiency of linear compressors. Therefore the variation of the overall

efficiency of the compressor with different input frequency is analyzed in Figure 3.30.

As is seen that the overall efficiency decreases with the increasing input frequency

and the trend can be identified easily. The best overall efficiency of 0.6 was found

with 50 Hz input frequency when the pressure ratio is close to 5.5. The lowest overall
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efficiency is 0.25 at an input frequency of 63 Hz where the compressor shows very

poor performance. Therefore, it can be concluded that different input frequencies put

more limitations on the overall efficiency of the compressor and the frequency should

be controlled carefully. Basically, the compressor runs more efficiently at lower input

frequency.
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Fig. 3.29. Overall efficiency as a function of pressure ratio in LG linear compressor.
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Fig. 3.30. Overall efficiency as a function of input frequency in LG
linear compressor.
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Figure 3.31 shows the system COP variation as a function of pressure ratio. The

assumptions made for the COP analysis are exactly same as the analysis for the

Wisemotion linear compressor in Section 3.5.1. As is shown, the compressor gen-

erates a higher system COP with smaller pressure ratio and the value goes down

with increasing pressure ratio. In particular, the system COP is relatively low with

higher pressure ratio which indicates that the compressor is not able to run efficiently.

Furthermore, Figure 3.32 shows the relationship between system COP and input fre-

quency. Better system performance can be obtained with lower input frequency. The

trend is similar to the curves in Figure 3.31.
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Fig. 3.31. System COP as a function of pressure ratio in LG linear compressor.

3.6 Experimental Performance Comparison

In this section, two types of performance comparison will be reported. First of

all, based on the measurements data above, it is interesting to compare the perfor-

mance data from two commercial linear compressors since each of them has different

compressor design and lubrication method. In addition, since the compressor me-

chanical design of linear compressor is very similar to the conventional reciprocating
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Fig. 3.32. System COP as a function of input frequency in LG linear compressor.

compressor, it is important to make a comparison between a linear compressor and a

reciprocating compressor with similar design and target capacity.

3.6.1 Comparison between two commercial linear compressors

Two commercial linear compressors have been tested and characterized at differ-

ent operating conditions. The measurements were used to characterize and evaluate

their performances. Relatively little experimental data is reported in the literature

with respect to linear compressor performance comparisons. In terms of these two

commercial linear compressors used in this study, LG linear compressor uses syn-

thetic POE oil for lubrication and the refrigerant gas itself is used to lubricate the

Wisemotion linear compressor which is oil-free. In addition, the spring systems were

designed very differently in these two compressors, which affects the contribution of

spring force on piston movement. Furthermore, the tubular linear motor in the LG

compressor may lead to different driving forces for piston, compared to the sepa-

rated linear motor in the Wisemotion linear compressor. Therefore, it was decided to

compare the performance of these two compressors based on their measurement data.
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Based on all the measurements discussed in Section 3.5.1 and Section 3.5.2, the

experimental results of these two compressors are compared. However, it’s hard to

compare their performance and draw any conclusions between direct if two compres-

sors deliver different mass flow rate and consume different power even at similar oper-

ating conditions. It can be seen that linear compressor always delivers less flow with

similar pressure ratio as well as power consumption. However, based on the analysis

in Section 3.5.1 and plot in Figure 3.23, the power consumption varies linearly with

the mass flow rate in Wisemotion linear compressor. Therefore, it would be helpful

to use the mass flow from LG linear compressor as a target and interpolate the flow

rate from Linear compressor Wisemotion linear compressor, the power consumption

will be determined accordingly. Moreover, the overall isentropic efficiency is also a

good parameter to show the difference between these two compressors. The modified

tested results are shown in Table 3.6. In order to deliver the same flow rate, Wise-

motion linear compressor will operate with longer piston stroke and consume more

power. The relative power consumption difference to Wisemotion power between two

compressors is also listed in the table. It is seen that the power consumption in

Wisemotion linear compressor is almost half of the required power of the LG linear

compressor to deliver same flow rate and with smaller pressure ratio. However, when

operating at higher pressure ratio, the power difference between Wisemotion and LG

is only up to 11.7%.

Figure 3.33 shows the variation of power consumption as a function of target flow

rate for the two linear compressors. With the same target flow rate, Wisemotion linear

compressor always consumes less power compared to LG linear compressor and the

difference becomes larger when the target flow rate increases. In addition, pressure

ratio also affects the differences between two compressors. It can be seen that power

consumption of two compressors are close to each other when the pressure ratio is at

6.

The overall isentropic efficiency is determined by the combination effect of mass

flow rate and power consumption as long as the same operating conditions were kept.
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Table 3.6.
Modified experimental results for the LG and Wisemotion linear com-
pressor power consumption comparison.

Type LG WM Diff.

ṁ Ẇ Ẇ Ẇdiff

(g/s) (W ) (W ) (%)

1.31 80.15 56.47 41.9

1.33 119.31 57.35 108.0

1.18 98.69 96.59 2.2

1.40 136.18 121.87 11.7
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Fig. 3.33. Comparison of Motor power between Wisemotion (WM)
and LG linear compressor.

It is expected that Wisemotion linear compressor has higher efficiency than that in LG

compressor at smaller pressure ratio, where LG compressor consumed more power but

delivered a similar flow rate. It can be seen from Figure 3.34 that all the red markers

are above the blue markers at same frequency. Moreover, the overall efficiency of the

Wisemotion compressor decreases with increasing pressure ratio while this trend in

LG linear compressor is slightly reversed.
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Fig. 3.34. Comparison of overall isentropic efficiency between Wise-
motion and LG linear compressor.

3.6.2 Comparison between one linear compressor and one reciprocating

compressors with similar geometry

Fundamentally, linear compressor and reciprocating compressor are very similar

technologies, which are positive displacement piston-cylinder compressor. Due to the

different driving mechanism and compressor design configuration, linear compressors

show a good performance theoretically. Therefore, it is necessary to compare those

two types of compressor experimentally to see the differences between their perfor-

mance. One commercially available reciprocating compressor was also designed from

Embraco, which is used for residential refrigerator. In order to conduct a reason-

able comparison, the geometry and capacity of the tested reciprocating compressors

are also very close to Embraco Wisemotion linear compressor, which is a very good

benchmark for analysis. Table 3.7 shows a summary of the Embraco reciprocating

compressor and Wisemotion compressor including all the geometry information, re-

spectively. It can be found that two tested compressors have very similar geometry,

i.e., piston size, lubrication, valve type.
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Table 3.7.
Summary of tested linear and reciprocating compressors for perfor-
mance comparison.

Manufacturer Embraco Embraco

Type Linear Reciprocating

Basic Information

Refrigerant R134a R134a

Motor Tubular linear Rotary

Lubrication Refrigerant Refrigerant

Vibration Absorption No Yes

Orientation Horizontal Vertical

Suspension system Yes No

Geometry

Dimension (cm) 30/13/12 20/15/18

Piston diameter (cm) 1.95 1.85

Piston Length (cm) 5.17 2.18

Piston mass (kg) 0.05 0.02

Suction valve port diameter (cm) 7.6*2 6.82 (Ring)

Discharge valve port diameter (cm) 2.25*6 3.62*3

Suction valve type reed valve reed valve

Discharge valve type reed valve reed valve

Table 3.8 shows a summary of experimental results of the Embraco reciprocating

and linear compressor and two compressors were tested at similar operating conditions

with three driving frequencies. A total of 6 points were tested and used to compare

their performance. Two compressors were tested with similar operating conditions

and there were two input frequencies (50Hz and 60 Hz) for each condition. It can be

seen that Wisemotion linear compressor always delivers less flow with similar pres-

sure ratio as well as consume power consumption and it will be unfair to compare
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the results and draw any conclusion between the direct comparison. With the same

method used in Section 3.6.1, power consumption from Wisemotion linear compressor

was interpolated in order to deliver the same mass flow rate from the tested recip-

rocating compressor for a consistent comparison. The modified results are shown in

Table 3.9.

Table 3.8.
Experimental results for the reciprocating and linear compressor comparison.

Type Recip. LC.

f PR ṁ Ẇ PR ṁ Ẇ

(Hz) (−) (g/s) (W ) (−) (g/s) (W )

50
3.82 1.72 110.70 3.69 1.17 50.33

5.92 1.64 132 6.26 0.71 49.4

60
3.89 2.00 136.40 3.75 1.36 59.09

6.39 1.84 159 6.05 0.87 59.99

70
3.86 2.43 171.40 3.79 1.587 69.39

6.59 1.96 181 6.17 1.04 69.19

It can be observed from Table 3.9 that with the same target flow rate, linear

compressor always requires longer piston stroke, especially for higher pressure ratio.

For example, when the pressure ratio is close 6, in order to deliver 1.84 g/s flow, the

required piston stroke for Wisemotion linear compressor is 16.4 mm, which is 1.17

times of the piston stroke of reciprocating compressor. However, power consumption

at this condition in linear compressor is 37.1 % less than the required power for the

reciprocating compressor.

Figure 3.35 shows the variation of power consumption as a function of target flow

rate for the comparison between the reciprocating and linear compressor. With the

same target flow rate, Wisemotion linear compressor always consumed less power

compared to the reciprocating compressor and the difference became smaller with
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Table 3.9.
Modified experimental results for the reciprocating and linear com-
pressor power consumption comparison.

Type Recip. (xs = 14mm) LC. (f = 60Hz) Diff.

ṁ PR f Ẇ PR xs Ẇ Ẇdiff

(g/s) (−) (Hz) (W ) (−) (mm) (W ) (%)

1.72 3.8 50 110 3.7 10.94 76 44.7

1.64 5.9 50 132 6.3 12.64 104 26.9

2.00 3.9 60 136 3.8 14.09 89 52.8

1.84 6.4 60 159 6.0 13.60 116 37.1

2.43 3.9 70 171 3.8 16.40 109 56.9

1.96 6.6 70 181 6.2 15.46 123 47.2

the larger pressure ratio. It can be observed from Figure 3.36 that linear compressor

has higher overall isentropic efficiency than that from the tested reciprocating com-

pressor, which is approximately around 0.7 and 0.6 when pressure ratio is at 4 and

6, respectively. However, the compared reciprocating compressor only showed up to

0.5 overall isentropic efficiency at the tested conditions. Moreover, it can be observed

that the operating frequency play less influence on the performance of Wisemotion

linear compressor and the efficiency showed relatively steady trend. Nevertheless,

the efficiency in the compared reciprocating compressor goes down slightly when the

operating frequency increases.

3.7 Conclusions

The experimental results of two commercial linear compressors were presented in

this chapter. Compressor mass flow rate, suction and discharge temperatures, suction

and discharge pressures, intermediate pressures and temperatures, and compressor

power consumption were used to characterize the two compressors. Two experimental
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Fig. 3.35. Comparison of power consumption between Embraco linear
compressor and Embraco reciprocating compressor.
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Fig. 3.36. Comparison of overall efficiency between Embraco linear
compressor and Embraco reciprocating compressor.

comparisons between the two commercial linear compressors and between one linear

and one corresponding reciprocating compressor were conducted to observe differences

between each of them with respect to the experimental performance. Furthermore,

a comprehensive table summarizes all main specifications and some special aspects
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of all tested compressors. Several features were identified and the advantages and

disadvantages of each design were discussed.

Based on a comparison between the Wisemotion and LG linear compressors, sev-

eral conclusions can be made with respect to their performance as follows:

� The Wisemotion linear compressor is controlled more steadily with smaller

power consumption. The control logic of the Wisemotion compressor allows

the compressor to maintain a more steady operation and limits the sensitivity

of the compressor to variations of the required capacity.

� At higher pressure ratio, the LG compressor is able to deliver more flow with

respect to the Wisemotion compressor. A possible reason is that power con-

sumption of the Wisemotion compressor is not a function of pressure ratio and

there is not enough driving force to generate flow rate compared to the LG

compressor.

� Overall, the LG compressor shows better performance at higher pressure ratio at

the two analyzed input frequencies. However, the Wisemotion compressor runs

more efficiently at lower pressure ratio. Since domestic refrigerators operate at

small pressure ratios, the Wisemotion compressor may show better performance

than the LG linear compressor.

Also, according to the comparison between the Wisemotion linear and Embraco

reciprocating compressors, several conclusions also can be draw with respect to their

performance and differences:

� The Wisemotion linear compressor consumes less power when delivering same

flow rate, which is up to 56.9% power difference among all compared tested con-

ditions. In terms of different pressure ratios, the difference of the required power

for two compressors decrease and it can be concluded that linear compressor

operates better at smaller pressure ratio, compared to reciprocating compressor.
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� Among the analyzed conditions, linear compressor shows a better performance

with higher overall isentropic efficiencies, which are approximately 1.6 times

and 1.4 times of the reciprocating compressor efficiency at pressure ratio at 4

and 6, respectively.

� The overall isentropic of linear compressor is not as sensitive to the operating

conditions as reciprocating compressor, which show a decrease of efficiency with

the increasing compressor speed.
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4. MODEL VALIDATION AND EVALUATION

The comprehensive compressor simulation model described in Chapter 2 is employed

to analyze the dynamic behavior of linear compressors and to conduct sensitivity

studies. Before exercising the model, a model validation is carried out by utilizing

the experimental data obtained in Chapter 3 to assess the accuracy of the model and

eventually identify the improvements required. The experimental results from both

of two linear compressors were used for model validation. Moreover, the simulation

results of two calculation modes are also reported in this chapter, which were used

to investigate the transient and periodic-steady behavior of a linear compressor using

the model inputs, listed in Table 4.1. The transient behavior of the linear compressor

is analyzed first and then the periodic solution will be presented. In the end, the

overall performance of the analyzed compressor is predicted and discussed. In order to

understand the behavior of a linear compressor, the following aspects are investigated

as a function of time:

� Piston motion

� Cylinder pressure and temperature

� Motor input current/power

� Cylinder vapor mass

� Valve motion

� P-V diagram

� Lumped temperature of main component



104

Table 4.1.
The model inputs for the dynamic simulation model based on LG
linear compressor.

Description Parameter Value Unit

Working Fluid - R134a -

Suction Pressure Psuc 111.81 kPa

Suction Temperature Tsuc 8.08 °C

Pressure Ratio PR 5.5 -

Compressor Frequency f 60 Hz

Piston Diameter Dp 26.5 mm

Piston Length Lp 79.6 mm

Suction Valve Diameter Ds,v 5.21 mm

Suction Valve Length Ls,v 18.48 mm

Suction Valve Thickness hs,v 0.152 mm

Discharge Valve mass md,v 4 g

Piston Mass Mp 0.632 kg

Spring Mass Ms 0.164 kg

Spring Stiffness ks 45.66 Nmm−1

Clearance Gap g 5 µm

Motor factor α 75 NA−1

Motor Resistant R 15.7 Ω

Motor Inductance L 450 mH

4.1 Model Validation

A comprehensive linear compressor simulation model for both transient and periodic-

steady behavior and energy flows of a linear compressor is described in Chapter 2 and

was used to model the two commercial linear compressors tested in this study. Sev-
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eral modifications to the model were necessary to allow consideration of different

features of the two compressors, e.g., lubrication method, spring configuration and

motor driving approach.

Figure 4.1 presents comparisons of predicted and measured mass flow rates. The

Mean Absolute Percentage Error (MAPE) is 2.7% for compressor A and 4.5% for

compressor B with all calculated points within a relative error of ±9%. As a gen-

eral observation, the proposed model tends to over-predict mass flow rate, but the

overall mass flow rate distribution is reasonable. The results could undoubtedly be

improved by implementing a more detailed model leakage across the piston for both

oil-lubricated and oil-free operation.
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Fig. 4.1. Model validation results for the mass flow rate of two linear compressors.
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The compressor power consumption was predicted within a relative error of ±15%

and the MAPE value was 3.6% for compressor A and 9.3% for compressor B, as shown

in Figure 4.2. Similar to the mass flow rate results, there are some deviations between

the measurements and simulation results, but the agreement falls within a good range

(< 15%). These errors could be due to the use of a simplified motor and control model,

which was not able to account for the real performance of the linear motor used in

the commercial linear compressors. Limited information regarding the compressor

motors and controls were available. The agreement for compressor A is better than

that for compressor B, perhaps because of a lack of information needed to accurately

model the power consumption of the oil pump for compressor B.
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Fig. 4.2. Model validation results for the power consumption of two
linear compressors.



107

It is seen in Figure 4.3 that the MAPE for overall isentropic efficiency with com-

pressor A is 5.2% and 7.8% for compressor B within an overall relative error of ±14%.

Based on model validation results discussed above, although there is still room for

additional model improvements, the model itself has a reasonable accuracy and can

be used for further analysis of linear compressor performance. The simulation results

are presented in next section.
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Fig. 4.3. Model validation results for the overall isentropic efficiency
of two linear compressors.
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4.2 Transient Results from Compressor Start-up

The transient behavior of the linear compressor is analyzed at first. In particular,

the following aspects are investigated as a function of time from the compressor start-

up:

� Piston motion

� Cylinder pressure

� Motor input current/voltage

� Motor power

Figure 4.4 shows the schematic diagram for a piston movement analysis and cyclic

variation of the piston displacement can be seen from Figure 4.5 as a function of time.

It is noted that the y-axis in Figure 4.5, i.e., piston displacement, is consistent with

the x direction in Figure 4.4. It can be seen from the curve that the simulated piston

stroke is not fixed, unlike in conventional reciprocating compressors. A mechanical

steady-periodic condition is achieved when the piston stroke is no longer changing

and the compressor is working with a periodical cycle.

Piston

TDC BDC

P(t) Pshell

Valve

Initial Position

Xp

x
0

Fig. 4.4. Diagram of piston at initial position.
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Fig. 4.5. Transient piston displacement variation over compressor running time.

Figure 4.6 shows the dynamic variation of the cylinder pressure as a function of

time as well as the compressor shell pressure, which is the same as the compressor

inlet pressure. The pressure inside the cylinder builds up during the first few cycles

until it exceeds the target discharge pressure, which was set to 560 kPa, when the

discharge valve is able to open. Once steady-periodical conditions are detected from

the piston motion, the cylinder pressure shows cyclic steady performance. The results

discussed above demonstrate the dynamic behavior of the compressor at start up and

as it approaches a periodical steady state but prior to satisfying the overall energy

balance. The results presented in Figure 4.5 and Figure 4.6 demonstrate the dynamic

behavior of the compressor from compressor start-up as it approaches a periodical

steady state but prior to satisfying the overall energy balance.

Figure 4.7 shows dynamic variation of the current in the electrical circuit as a

function of time from start up. Note that there are irregular oscillations in the first

few cycles, similar to the variation of piston movement. These oscillations have a

significant effect on the motor efficiency as seen in Figure 4.8, where input power

has a significant spike during the start-up process but only a portion of the power is

converted as output to drive the piston. This can be seen from the deviation between

the input power (red dashed line) and output power (blue solid line). It is also noted
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Fig. 4.6. Transient in-cylinder pressure variation over compressor running time.

that the transient power (similar to the driving force) has the largest value at start-

up to initiate the motion of the piston and then decays over the running time as

steady-periodic behavior is achieved.
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Fig. 4.7. Transient electric current variation over compressor running time.
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Fig. 4.8. Transient motor power variation over compressor running time.

4.3 Periodic Steady-State Results

After the initial transient behavior, the linear compressor establishes periodic

steady-state operation for fixed boundary conditions. Using the steady-periodic mode

of the model, a fully steady-periodic solution was identified and determined for the

boundary conditions considered in the previous subsection. Figure 4.9 shows the

dynamic behavior of the piston displacement at periodical steady-state conditions.

The behavior is similar to the sinusoidal pattern of oscillation that occurs in con-

ventional reciprocating compressors. The overall piston stroke was predicted to be

approximately 13 mm, which is marked in green. It can also be noted that there

is a displacement bias between the initial piston position and the final equilibrium

position, which is a typical characteristic of a linear compressor discussed in Section

2.6.1. Black and red dashed lines denote the piston initial preset position and the

new equilibrium position at periodical steady state, respectively. It is noted that

the bias displacement is positive in this result, which is favorable motion for a linear

compressor.

The in-cylinder pressure traced as a function of time can be seen in Figure 4.10.

Four processes in a linear compressor can be identified, i.e., suction, compression,
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Fig. 4.9. Piston displacement and driving force at periodical steady state.

discharging, and expansion. Two different types of valves used in the modeled linear

compressor lead to very different pressure fluctuations during suction and discharge

processes, which can be distinguished in Figure 4.10. In particular, the plate valve

on the discharge line produces more pressure drop than the reed valve used in the

suction line.
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Fig. 4.10. Cylinder pressure variation at periodical steady state.
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Figure 4.11 shows the variation of input voltage and current at periodical steady

state. Compared to the performance during the start-up process shown in Figure 4.7,

the current has very good steady behavior with a quarter period lag with respect to

the voltage. It is noted that the power periodic variation only has the half of the

period of current/voltage change due to the calculation of power consumption, shown

in Equation 2.59 and Equation 2.60, which are a very typical feature of an AC motor.

Besides, the amplitude of the output power is lower than that of the input power with

a lag (approximately 90°) as expected, shown in Figure 4.12.
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Fig. 4.11. Current variation at periodical steady state.

Figure 4.13 shows the temperature variation of the refrigerant within the cylinder,

which has a similar pattern to the pressure change. It is noted that as is shown in

Figure 9, three criteria, i.e., piston displacement, piston velocity, motor current, were

used to identify periodic steady state. Based on the simulation results, the discharge

temperature that is presented here satisfied the periodic steady-state criteria. The

highest cylinder temperature was predicted to be approximately 330 K corresponding

to conditions in the discharge tube.

The reed valve in the suction process leads to a longer opening time and smoother

performance, as shown in Figure 4.14. In the modeled commercial linear compressor,

a reed valve is located at the end of the piston, and three ports on the valve plate
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Fig. 4.13. Cylinder temperature variation at periodical steady state.

direct flow smoothly, which can be observed from pressure variation during the suction

process in Figure 4.10. On the other hand, the plate valve with a single large discharge

port installed on the discharge side produces a shorter discharging process. It is noted

that no gas pulsation was considered in this analysis.

The variation of the in-cylinder vapor mass at periodical steady state as a function

of time is reported in Figure 4.15. The opening and closing processes of the suction

and discharge valves are clearly delimited by the dashed lines. The density of the



115

2.990 3.000 3.010 3.020

Time [s]

0.0

0.2

0.4

0.6

0.8

1.0

V
a
lv

e
 D

is
p

la
ce

m
e
n

t 
[m

m
]

Sunction

Discharge
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suction gas is lower than the discharged gas. As a result, the conservation of mass

in the compression chamber dictates that the volumetric flow of the suction process

is higher than that of the discharge process, which results in a larger valve opening

time for the suction process, even though the discharge port has smaller cross-area.

Therefore, the suction process takes more time, i.e., longer opening time for the

suction valve, while the discharging process is shorter, which is very consistent with

the variation of the valve motions shown in Figure 4.14. However, at all other times,

i.e., when the two valves are closed, the cylinder vapor mass is almost constant

because of mass conservation. Minor variations may occur due to small leakage flows

between the compression cylinder and the shell.

The P-V diagram of the linear compressor at periodic steady-state condition,

including the opening and closing of the valves, is shown in Figure 4.16. By analyzing

the P-V diagram, it is seen that the linear compressor has a specific clearance volume,

which affects the indicated work and both the volumetric and isentropic efficiencies

and should also avoid metallic contact between the piston and valve seat. Due to the

existence of a spring system in a linear compressor design, the expansion work from

this clearance is stored inside the spring and released back during the compression

process.



116

2.995 3.000 3.005 3.010 3.015 3.020

Time [s]

0.01

0.02

0.03

0.04

C
yl

in
d

e
r 

V
a
p

o
r 

M
a
ss

 [
g

] Suction Discharge

Fig. 4.15. Cylinder vapor mass at periodical steady state.

0 2 4 6 8

Volume  [cm3]

0

200

400

600

P
re

ss
u

re
 [

k
P

a
]

Cylinder

Suction

Discharge

Fig. 4.16. PV Diagram at periodical steady state.

For the case shown in Figure 4.17, it takes about an hour for the compressor system

to reach the steady-state temperature. Compared with the periodic-steady state

results with respect to the mechanical part, it is time consuming to obtain the time

history of the transient temperatures either from simulation model or experiment.

As discussed in Section 2.9, the transient temperature of main elements in linear

compressor can be calculated in current model by integrating the ODE shown in

Equation 2.67, which is applied and coupled with the other sub-models. Besides,
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it should be noted that, all thermal resistances were estimated and calculated by

employing the appropriate heat transfer correlations listed in Section 2.2. These

values will be updated accordingly once the thermal measurements will be available.

Fig. 4.17. Multi-lumped transient temperature of the main elements
in linear compressor.

4.4 Overall Performance Predictions

In order to have a better understanding of the dynamic characteristics of linear

compressors for the variable frequency, the proposed model was used to conduct and

analyze overall performance predictions that are presented in this section.

Figure 4.18 depicts the variation of the predicted mass flow rates from the sim-

ulation model (theoretical results) as well as selected experimental data points (ex-

perimental results) for preliminary model validation. Because of preheat through the

suction pipe as well as the suction passage within the piston assembly (see Figure 1.1)

and the complicated leakage loss within piston clearance gap, the mass flow rates were

not predicted very accurately by the model, which affects the agreement between the

theoretical and experimental results. Overall, the model predicts the mass flow rate

well and the effect of operating frequency. It can be observed that there is peak flow
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at a frequency close to 56 Hz, which can be considered to be the resonance frequency

of the piston motion.
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Fig. 4.18. Predicted and measured mass flow rate as a function of
input frequency with pressure ratio 5.

In a positive displacement machine, the volumetric efficiency, defined in Equa-

tion 4.1, is generally used to characterize the compressor performance. As previously

noted, the volumetric efficiency depends a clearance volume that can vary with op-

erating characteristics of a variable stroke linear compressor. In a linear compressor,

advanced control approaches have to be implemented to actively control the piston

motion to avoid contact with the valve assembly, as it was previously mentioned in

Section 2.6. Many research studies have been conducted to investigate this issue ex-

perimentally. One of the latest methods was reported by Liang et al. [38], where the

clearance distance was fixed and controlled in a prototype linear compressor. How-

ever, this method may be difficult to implement when the piston stroke is long or the

operating conditions are significantly different than the design operating conditions,

because the clearance volume is very difficult to be fixed and controlled in a real

design, especially for a larger linear compressor with longer piston stroke.

In this study, a dependent and variable clearance volume, as a function of piston

stroke, has been enforced into the overall model. It is seen from Equation 4.2 that a
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longer piston stroke leads to a larger clearance at a specific operating condition with

respect to a predefined constant volume factor.

ηvol =
ṁ

ρin(xs + xcl)fAp
(4.1)

where ṁ represents the delivered mass flow from the compressor, ρin is the density

at suction condition, xs denotes the piston stroke and Ap is the piston cross area.

In particular, xcl represents clearance distance between maximum piston stroke and

TDC, defined as:

xcl = Fclxs (4.2)

where Fcl is the fixed clearance volume factor.

Figure 4.19 shows the variation of the volumetric efficiency as a function of the

input frequency with different pressure ratios. It is observed that smaller pressure

ratio leads to a higher volumetric efficiency, similar to the performance in a conven-

tional reciprocating compressor. However, the influence from the input frequency on

the volumetric efficiency is limited and only slight decrease can be noticed from the

figure with the increasing input frequency. It can be explained from the fact that

the clearance volume is scaled with the stroke length, associated with variation of the

mass flow rate [70] and the leakage loss is relatively small. However, it can also be

predicted that the variation of mass flow rate and piston stroke may predominate on

the influence of volumetric when the linear compressor is scaled up with the same

numerical value of input frequency. Moreover, it is noted that due to the spring as-

sembly in a linear compressor, the expansion work can be stored in the spring and

released back to the piston during the compression process. Therefore, the overall

isentropic efficiency is not low compared to the reciprocating compressor with similar

geometry. However, the control approach may affect the isentropic efficiency in a

linear compressor.

Figure 4.20 presents the variation of the motor efficiency as a function of input

frequency. A peak occurs at an input frequency equal to the resonance frequency of
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Fig. 4.19. Predicted compressor volumetric efficiency as a function of
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the system, which is very consistent with that in Figure 4.18. This operating point

produces the maximum mass flow rate, and the best energy conversion ratio from

electrical to mechanical energy. It is seen that the highest motor efficiency nearly 90

% at the peak and drops drastically away from the resonant frequency. It is clearly

beneficial to control the compressor operation close to the resonant frequency.
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Fig. 4.20. Predicted motor efficiency as a function of input frequency.
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4.5 Conclusions

The simulation results based on a commercial linear compressor have been ob-

tained and reported in this section. A detailed validation was conducted utilizing

experimental results from a commercial linear compressor for domestic refrigerators.

The model predicted mass flow rate very well and the effect of operating frequency.

Both transient and periodical state-state simulation results were presented and ana-

lyzed. The model demonstrated that the maximum mass flow rate and highest motor

efficiency occur when the excitation frequency is at the resonance frequency of system

and showed the penalties associated with operation away from resonance. A more

detailed sensitivity study based on the developed model will be presented in next

chapter.
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5. SENSITIVITY STUDIES

The validated model was used to carry out sensitivity studies on key parameters

affecting compressor performance with the goal of providing guidance for improving

existing compressor designs and developing improved linear compressor designs. Only

the oil-free compressor was analyzed in this section because of its greater performance

potential and interest for development of future products. However, many of the

conclusions from the sensitivity studies are valuable for any linear compressor design.

The objectives of the sensitivity studies were to:

(i) understand the major losses associated with leakage and friction in a linear

compressor;

(ii) develop a simulation model to analyze the characteristics of gas bearing;

(iii) investigate vibration behavior in a linear compressor and identify key factors in

controlling compressor operation to achieve better performance; and

(iv) study piston eccentricity issues, which are particularly important for an oil-free

linear compressor.

5.1 Leakage and Frictional Losses

Leakage and frictional losses are the two main sources of losses in a linear com-

pressor and can have a significant effect on compressor performance. In order to

study leakage and frictional losses, it is necessary to understand how cylinder pres-

sure varies as a function of time, which can be obtained from the simulation model

and four processes in a linear compressor, i.e., suction, compression, discharging, and

expansion. An example pressure versus time plot is shown in Figure 5.1(a) along with

the suction and discharge pressure boundary conditions imposed on the compressor.
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The in-cylinder pressure profile of Figure 5.1(a) and the constant shell pressure

were used within a parametric study as the differential pressure force on the piston,

which is a key parameter that affects losses in a linear compressor. Figure 5.1(b)

shows a schematic of a linear compressor piston and cylinder assembly that depicts

the location for leakage and frictional losses, i.e., clearance gap (g) between the

piston and cylinder wall, which is the similar to that in a conventional reciprocating

compressor but without a piston ring assembly.

Figure 5.2(a) shows the gas film pressure variation as a function of time at different

locations along the piston. Three locations that have been selected, i.e., A, B, C, are

labeled in Figure 5.1(b). By analyzing Figure 5.2(a), it can be seen that the gas film

pressure at the top location (Point A) of the piston has a similar behavior as the

in-cylinder pressure profile. However, the pressure at the middle location (Point B)

does not fully correspond to the cylinder pressure variation and the peak value is

almost half of the maximum cylinder pressure. This is most likely because there is a

significant pressure drop along the piston and the pressure distribution cannot track

the pressure within the compression chamber. With respect to the pressure at the end

of the piston (point C), the gas pressure is approximately stable at 100 kPa, a little

bit higher than the shell pressure. The gas film pressure profiles at the three locations

have a more stable variation with longer piston length. Thus, it can be concluded

that the pressure profile for a longer piston length has slightly less dependence on

in-cylinder pressure changes, which is beneficial for reduction in leakage.

Figure 5.2(b) depicts a dynamic gas film pressure distribution along the piston

length at four different times during periodic motion of the piston, 0, 0.25T, 0.5T,

and 0.75T, where T is the period of the piston displacement such that the pressure

profile at t = T is identical to the pressure distribution at t = 0. From Figure 5.2(b),

it can be seen that except for the initial gas pressure at t = 0, which follows the

in-cylinder pressure change, the gas film pressure at the other times shows a ‘dome’

shape, where the pressure increases along with the piston length first, then drops

after a peak. The dynamic interactions are such that gas accumulates at the point
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Fig. 5.1. (a) In-cylinder pressure variation profile over running time;
(b) Schematic of a linear compressor piston and cylinder assembly
(suction valve is not plotted).

along with leakage path where the pressure peak exists. It is also apparent that the

gas pressure is higher with longer piston length.
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Fig. 5.2. Gas film pressure distribution in the clearance gap : (a)
at different piston locations as a function of time; (b) with different
piston length at different analyzed times.

After obtaining a gas film pressure profile, the leakage rate can be calculated using

Equation 5.1. Integrated results for normalized leakage rate, defined as the ratio

between the calculated leakage rate and a target delivery mass flow rate without the
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leakage, are plotted in Figure 5.3(a) as a function of the piston length for different

clearance gaps. It is seen that normalized leakage rate decreases with increasing

piston length because of the greater flow resistance due to friction. If the piston

length were reduced to 3 cm length, then the leakage flow would be almost half of

the target flow rate. In addition to reduced overall compressor flow, this would lead

to a significant energy loss associated with the need to recompress the leaked gas.

In terms of the different clearance gaps, a larger gap provides more flow path area

with less flow resistance leading to more leakage flow from the compression chamber

to the shell. The leakage loss is minimal when the clearance gap is reduced to 2 µm.

However, increasing the piston length and reducing the gap size leads to an increase

in frictional losses. Thus, there is a tradeoff between leakage and friction losses with

these changes that needs to be considered in determining an optimal design.

ṁleak =

∫ T

0

(
ρg3

12µ

∂P

∂x
+
ρgẋp

2

)∣∣∣∣∣
x=Lp

dt (5.1)

where g is the clearance gap thickness with respect toe the piston radius, ρ is the gas

density, µ is the dynamic viscosity of the gas, ẋp(t) denotes piston movement velocity

obtained from the linear compressor model, ∂P/∂x is the local pressure gradient,

respectively.

The friction force between the cylinder and piston surface is the sum of the as-

perity contact force and gas viscous friction force of the gas flow. On the one hand,

the viscous friction is determined by the pressure distribution within the clearance

gap and the gas viscosity. On the other hand, the friction force due to the surface

roughness, called the asperity contact force, depends on the relative ratio between

clearance gap and surface roughness. An approach for determining the frictional loss

has been reported by Zhang et al. [69]. Figure 5.3(b) shows normalized frictional loss,

defined as the ratio between frictional loss and compression work, as a function of

the piston length. Results using a clearance gap of 2 µm are not shown because the

estimated frictional loss was unrealistically large, even higher than the total power

consumption. This may be due to numerical solution problems occurring at clearance
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gaps that are on the same order of surface roughness and that lead to a large asperity

force that dominates the friction force. The results show a dramatic reduction in

frictional loss for the larger clearance gap. In fact, the frictional loss is negligible

for a clearance gap of 6 µm. In addition, frictional loss increases with piston length

due to a larger frictional surface area. Overall, there is an optimal clearance gap and

piston length that results from a trade-off point between leakage and frictional losses.

In the analyzed case, the optimal clearance gap was determined to be 5 µm.

5.2 Gas Bearing Analysis

Linear compressor technology has received increasing attention due to its unique

features. The absence of a crank mechanisms allows oil-free operation, which is highly

desirable in terms of compressor design and selection of the working fluid. To achieve

oil-free operation and control the trade-off between leakage flows and frictional losses

in a linear compressor, Fuller [71] concluded that gas-lubricated bearings were one of

the most suitable technologies. In order to investigate the characteristics and poten-

tial improvements of gas bearing designs, a number of simulation models have been

developed and described in the literature. For instance, Pandian [72] proposed an

accurate and reliable numerical scheme to predict pressure distributions and bearing

loads within gas-lubricated slider bearings under high Reynolds numbers and reported

results of parametric studies on the film-thickness ratio and the number of bearings.

In 1994, a numerical study was conducted by Han et al. [73] to investigate the charac-

teristics of externally pressurized air bearings in a rotor. The theoretical calculations

were compared with experimental data and the maximum deviation was below 5%.

After almost a decade, Arghir et al. [74] presented a finite-volume numerical solu-

tion of the Reynolds equation for a compressible fluid. In particular, both static and

dynamic characteristics of cylindrical hydrodynamic and externally pressurized gas

bearings were analyzed. Zhang et al. [75] proposed a linearized Reynolds equation

applicable under the condition of small pressure variations within the gas film of a
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Fig. 5.3. (a) Variation of normalized leakage rate with different clear-
ance gap as a function of piston length; (b)Variation of normalized
frictional loss with different clearance gap as a function of piston
length.

gas-lubricated bearing. The analysis showed that the approximating numerical solu-

tion gives an improved agreement with experimental results than the direct numerical

solution and demands less computational time. It was found that eccentricity of the
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piston led to significant effect on the stability of the numerical solution predicted by

the model.

By surveying the literature, it can be concluded that most of the previous work

focused on either gas bearings in a rotor supported by externally pressurized gas

bearings or in orbiting journal bearings under rotating unbalanced forces. However,

limited studies were conducted on gas bearings applied to linear motion. A few studies

considered positive displacement compressors, but did not couple the fluid mechanics

to the compression process.

Recently, Hulse and Prata [76] developed a 2-D numerical model to analyze a cap-

illary compensated aerostatic bearing in a linear reciprocating compressor. However,

the analysis focused on the injection hole size configuration of the gas bearings and

neither the pressure distribution profile nor a detailed flow model of the injection flow

were reported. In this section, a 1-D gas bearing model based on a Finite-Volume-

Method (FVM) applied to a linear compressor is presented. The model considers

the dynamic behavior of the pressurized gas film as well as the injection flow. The

proposed model has been coupled with a detailed comprehensive linear compressor

model to enable detailed analysis.

It is known that gas bearings have a number of advantages with respect to con-

ventional liquid lubricated bearings in compressor applications [71]. First of all, the

contamination caused by the typical lubricants, e.g., oil, can be reduced, which elim-

inates refrigerant compatibility issues and enables the use of more environmentally

friendly refrigerants. Secondly, the pressurized gas film can be used as a sealing

method to prevent leakage from high to low pressures. Furthermore, the working

fluid itself can act as a lubricant in the gap between the bearing and cylinder. The

gas cushion carries the load without any contact between moving parts, which sim-

plifies the design of the overall system and reduces costs compared to oil-lubricated

compressors. Last but not the least, unlike conventional lubricants, gas bearings have

more stable behavior, without issues of vaporization, cavitation, and decomposition



130

that can occur under severe conditions. This expands the operating conditions and

life of the compressor.

Generally, gas bearings can be classified into two categories: aerostatic and aero-

dynamic bearings. Both types utilize a thin film of pressurized gas to avoid direct

contact between surfaces in order to reduce friction, wear, and particulates within

the load-bearing interface. Aerodynamic bearings create a gas cushion through the

relative motion between static and moving parts, whereas aerostatic bearings rely on

an external injection flow.

In this study, a hybrid bearing that combines the two aforementioned categories

is considered and analyzed. The schematic of the system is shown in Figure 5.4.

In particular, aerodynamic gas bearing results from the piston movement in a linear

compressor, which establishes a pressurized gas film within the gap between the piston

and cylinder wall surface. Due to the existence of a injection flow channel in the

analyzed linear compressor, the injection pressurized gas leads to an aerostatic gas

bearing. With the combination of these two types of bearings, the friction and leakage

losses can be minimized, so as to improve the compressor performance.

Fig. 5.4. Schematic of piston with injection flow channel in a linear compressor.
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5.2.1 Pressurized gas film model

The pressurized gas flow through the clearance gap (g) between the piston and

cylinder surfaces is governed by the Navier-Stokes (N-S) equations, in which inertia,

body, pressure, and viscous terms are included. Based on lubrication theory proposed

by Hamrock et al. [77], the gas flow condition within the clearance gap in a piston

compressor is usually considered as “slow viscous motion”, where the pressure and

viscous terms are predominant and the full N-S equations can be simplified accord-

ingly. The pressurized gas flow is modeled as a 1-D lubrication film with constant

clearance gap, i.e., no eccentricity, and the modified governing equation is given by

Equation 5.2.

∂

∂x

(
ρg3

12µ

∂P

∂x

)
+
ṁf

Af
=
ẋp(t)

2

∂

∂x
(ρg) +

∂

∂t
(ρg) (5.2)

where g is the clearance gap thickness with respect to the piston radius, ρ is the

gas density, µ is the dynamic viscosity of the gas, ẋp(t) denotes piston movement

velocity obtained from the linear compressor model, ṁinj and Ainj are the injection

flow rate and injection port area, respectively.

The first term on the left-hand side (LHS) of the Equation 5.2 is referred to as the

Poiseuille term and describes the net flow rates due to pressure gradients within the

leakage path. The second term represents the injection flow rate, which produces an

aerostatic bearing. The first term on the right hand side (RHS) is the Couette term

representing the net entraining flow rate due to surface velocity, i.e., piston velocity,

for the aerodynamic bearing. The second term on the RHS denotes the transient

change of the flow rate, coupled with pressure change profile, which represents the

dynamic characteristics of the gas pressure distribution. In this study, the gas flow

within the clearance gap is assumed to be isothermal and the fluid viscosity is treated

as constant. It follows that the governing equation can be simplified by substituting

the density term with the pressure term. Moreover, the dynamic pressures in the

compression chamber and shell, calculated from the comprehensive linear compressor
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model, are used as the boundary conditions, respectively. FVM has been applied

with the discretization domain in the x direction, which is along the piston length.

The pressure gradient in the domain can be determined at each time step by solving

the governing equation and the gas film pressure distribution is then updated for the

next time step.

5.2.2 Injection flow model

Supplying gas to the interface between moving elements of an aerostatic bearing

can be accomplished in different ways: porous surface, discrete orifice injection, slot

injection, and groove injection [78]. In the analyzed compressor design, the supplying

pressurized gas is fed from the discharging chamber via one variable area nozzle and

several small nozzles with constant areas. As show in Figure 5.5, the injection flow

is modeled as a combination of an isentropic flow and a Fanno flow, where the effect

of the friction is considered.

Fig. 5.5. Schematic of the flow path of the injection flow.
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Isentropic flow.

An injection mass flow rate due to a pressure difference between the discharge

chamber and inlet of the constant area nozzles is estimated using an isentropic flow

model. The model assumes compressible flow with negligible friction and heat transfer

effects. The thermodynamic parameters of the upstream condition, i.e., temperature

and pressure in the discharge chamber, are the inputs to this flow model. In order to

compute the isentropic flow model, the local pressure ratio and the critical pressure

ratio are needed and given by Equation 5.3 and Equation 5.4.

PR =
Pdown
Pup

, (5.3)

PRcri =

(
2

k + 1

)k/(k−1)

, (5.4)

where k is heat capacity ratio of the flow, subscript up means the upstream and down

means the downstream of the isentropic flow path.

These two pressures are compared to determine if a sonic condition exists at the

exit of the flow path, i.e., ”choked flow”, where the flow rate is maximum. The flow

through the injection flow path is predicted according to two scenarios:

� Scenario I, 1 ≥ PR ≥ PRcri, flow is not choked and the mass flow rate is

calculated by:

ṁinj =
AfPup√
RTup

√
2k

k − 1
PR

1
k (1− PR

k−1
k ) (5.5)

� Scenario II, PR ≤ PRcri, flow is choked and the mass flow rate is given by:

ṁinj =
Ainjρup√
kRTup

(
1 +

k − 1

2

) 1+k
2(1−k)

(5.6)

where subscript up denotes the parameters in upstream condition, Ainj are the

total injection flow injection port area and R is the ideal gas constant.
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Fanno flow.

The flow correlation proposed by Churchill [51] is used to determine the pres-

sure drop associated with Fanno flow conditions due to the friction within the small

injection nozzles. The expression for pressure drop is given in Equation 5.11.

A =

(
− 2.457 log

[( 7

ReD

)0.9
])16

(5.7)

B =

[
37530

ReD

]16

(5.8)

f = 8

[( 8

ReD

)12
+

1

(A+B)1.5

]1/12

(5.9)

where the Reynolds number is defined as:

ReD =
4ṁf

πµDf

(5.10)

where Df is the diameter of the injection port and ṁf comes from the isentropic flow

model. Finally, the pressure drop is given by:

∆P =
−fG2

fLp

2Df

(5.11)

where Lp is the length of the piston and the injection flow mass flux is defined as:

Gf =
4ṁf

πD2
f

(5.12)

5.2.3 Numerical algorithm and simulation results

The overall solution algorithm of the dynamic gas bearings simulation model is

shown in Figure 5.6. Once the compressor geometry is defined and the boundary

conditions are provided from the linear compressor mechanistic model, the simulation

is initialized by discretizing the analyzed domain. Then, a guess value of initial gas
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Fig. 5.6. The flow chart of the gas bearing model.
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film pressure is specified to begin the iterative solution process. The injection flow

model is executed first to estimate the injection flow rate. The nozzle inlet pressure

is solved iteratively by using the injection mass flow rate and pressure drop. By

knowing the nozzle inlet pressure, the main pressurized gas film model is employed

to calculate the film pressure distribution at the next time step. This procedure is

repeated until the end of the working cycle. The final gas film pressure distribution is

obtained when the residuals of the pressure distribution between the beginning and

the end of the simulated cycle are within the convergence tolerance.

The in-cylinder pressure variation has been obtained from the compressor mecha-

nistic model and it is shown in Figure 5.7. In particular, four main processes can be

identified in a linear compressor similarly to a reciprocating compressor, i.e., suction,

compression, discharge, and expansion. The pressure profile determines the differen-

tial pressure force acting on the piston which is the key parameter that affects the

linear compressor losses. The pressure profile reported in Figure 5.7 is used as input

condition to the gas bearing model to carry on parametric studies.
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Fig. 5.7. In-cylinder pressure variation at periodical steady state.

Figure 5.8 shows the gas film pressure variation as a function of time at different

locations along the piston. The three locations that have been selected, i.e., top, mid,

and end, are labeled in Figure 5.4. In addition, the gas film pressure distribution with
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and without the gas bearing are also reported on the same figure with dashed and solid

lines, respectively. By analyzing Figure 5.8, it can be seen that the gas film pressure

at the top location of the piston has a similar behavior as the in-cylinder pressure

profile. However, the pressure at the middle location does not fully correspond to

the cylinder pressure variation and the peak value is almost half of the maximum

cylinder pressure. The possible reason for this difference is that significant pressure

drop exists along the piston and the distribution from the compressor chamber cannot

arrive with the original pressure amplitude. With respect to the pressure at the end of

the piston, the gas pressure is approximately stable at 100 kPa. It can be found that

the pressure variation has been reduced significantly when the gas bearing is applied,

particularly in the middle and the end of the piston. It follows that gas bearings can

help to prevent the pressure propagation from the top to the end, which is beneficial

in reducing leakage and friction losses.
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Fig. 5.8. Gas film pressure variation within the clearance gap (differ-
ent piston locations) as a function of time.

Figure 5.9 depicts the gas film pressure distribution along the piston length at four

time steps, 0, 0.25T, 0.5T, and 0.75T, where T is the period of the piston displacement

such that pressure profile at t = T is identical to the pressure distribution at t = 0.

The injection flow was injected at the 0.018 m from the piston top based on the
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configuration of the analyzed compressor. From Figure 5.9, it can be seen that in the

absence of the gas bearing, the gas film pressure increases and then decreases along

the piston length except for t = 0. At t = 0, the fill pressure follows the in-cylinder

pressure variation. This behavior can be explained by the fact that gas accumulates

along the gas flow path. When the gas bearing is employed, the pressure profile

is slightly lower than that without a gas bearing. Moreover, the pressure profile

becomes more uniform after the injection point, whereas the pressure before the

injection location follows the in-cylinder pressure variation. These results indicated

that high pressurized injection gas can reduce the pressure propagation and, thus,

provide a seal in the clearance gap.
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Fig. 5.9. Gas film pressure distribution along with piston location at
different times.

Parametric studies were conducted to investigate the effects of the gas bearings on

the leakage flow rates and frictional losses in the analyzed linear compressor. Figure

5.10 shows leakage flow rate as a percentage of the theoretical mass flow rate without

leakage as a function of clearance gap and piston length for cases with and without

the gas bearings. As expected, the leakage rate increases with decreasing clearance

gap and decreasing piston length. Furthermore, the case with a gas bearing has a

lower leakage flow rates due to lower pressure gradient. The differences in leakage
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rates between the cases with and without gas bearings increase with increasing gap

clearance. In order to have a better understanding of the system improvements by

using gas bearings, the leakage reduction percentage between the two cases at the

same operating conditions has been calculated and is also plotted in Figure 5.10. The

gas bearings contribute significantly more to sealing the leakage at higher clearance

gaps. For example, the leakage was reduced by about 60% when employing the gas

bearing for piston length of 5 cm length and clearance gap of 6 µm.
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Fig. 5.10. Normalized leakage rate variation and improvements with
gas bearings as a function of clearance gap.

Figure 5.11 shows the variation of frictional losses as a percentage of the com-

pressor work input as a function of the clearance gap for the cases considered for

Figure 5.10. First of all, it can be seen that the frictional losses change dramatically

between a clearance gap of 4 and 5 µm. The 4 µm clearance gap is close to the surface

roughness and the large asperity force dominates the friction force in this region with

dramatic increasing frictional forces with decreasing gap. Furthermore, the frictional

loss is negligible for clearance gaps larger than 5 µm. It is also clear that frictional

losses increase with increasing piston length due to the increasing surface area. In

terms of the integration of gas bearings, frictional losses are reduced due to the more

uniform pressure film distribution, which dominates the viscosity force discussed in
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Equation 2.41. However, the benefit is relatively small, especially as compared with

the benefits for leakage.

3 4 5 6
Clearance Gap [ m]

0

2

4

6
N

or
m

al
iz

ed
 

 F
ri

ct
io

na
l l

os
s 

[%
]

Lp = 5cm, w/o GB
Lp = 10cm, w/o GB
Lp = 5cm, w/ GB
Lp = 10cm, w/ GB

0

20

40

Fr
ic

tio
n 

R
ed

uc
tio

n
 b

y 
U

si
ng

 G
as

 B
ea

ri
ng

 [%
]Lp = 5cm, Reduction

Lp = 10cm, Reduction

Fig. 5.11. Normalized frictional loss variation and improvements with
gas bearings as a function of clearance gap.

5.3 Piston Vibration Analysis

A simplified piston stroke control model was developed in Section 2.6 to describe

the dynamic piston movement in a linear compressor. However, the dynamic model

does not consider vibration. During linear compressor operation, there are three

important frequencies associated with the dynamic movement:

� driving frequency (Ω), generated from the linear motor;

� piston natural frequency (ωn,p), based on the piston, spring system, gas pressure

and frictional forces; and

� system overall mechanical natural frequency (ωn,sys), which includes all compo-

nents associated with the dynamic motion, including the piston, cylinder, shell,

motor, magnet, etc.
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The damping ratio (ζ), introduced to determine if the system is damped or un-

damped, is calculated by Equation 5.13 and is a key factor for conducting the vibration

analysis. Two natural frequencies, ωn,p and ωn,sys, are defined by Equation 5.14 and

Equation 5.15. The main difference between the two natural frequencies is related to

the different equivalent masses and spring stiffnesses.

ζ =
c

2
√
ksmeff

(5.13)

ωn,p =

√
ks,p
meff,p

(5.14)

ωn,sys =

√
ks,sys
meff,sys

(5.15)

where k represents the equivalent spring stiffness, c denotes the system damping ratio,

m is the effective mass.

In order to identify the best motor operating point, the input driving frequency,

denoted as Ω, should operate at or close to the piston natural frequency (ωn,p). Oper-

ating the piston at or close to its resonant frequency maximizes the energy conversion

from motor power output to fluid power input. The system overall natural frequency

(ωn,sys) differs from the piston natural frequency (ωn,p) because of other elements

inside the system. It is not favorable to drive the overall system close to its sys-

tem overall natural frequency (ωn,sys) as it will bring very strong vibration and noise

issues.

The transmissibility function Tr(Ω), proposed by Rao and Yap [79], is defined

as the ratio between the transmitted force and input driving force. A mathematical

function and graphical representation are presented in Equation 5.16 and Figure 5.12,

respectively. This metric can be used for linear compressor vibration analysis, since

the transmissibility relates the vibration response from a driving force in terms of the

ratio between the driving and natural frequencies, and the natural frequency could

be for the piston or system.
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Tr(Ω) =

√
1 + (2ζΩ/ωn)2√

[1− Ω/ωn)2]2 + (2ζΩ/ωn)2
(5.16)
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Fig. 5.12. Amplitude transmissibility function with different driving frequencies.

It is observed that when the excitation frequencies are small compared to the nat-

ural frequency, i.e.,Ω/ωn � 1, the transmissibility function tends to unity regardless

of the damping ratio. Furthermore, when the ratio becomes large, i.e., Ω/ωn � 1,

Tr(Ω) approaches zero. The maximum value of Tr(Ω) can be noted near Ω/ωn = 1

and this maximum value decreases with increasing damping ratio ζ. In addition, there

is a critical point, Ω/ωn =
√

2, that divides the curve into two areas with the left

section termed ”vibration amplification” and the right section denoting “vibration

reduction”. In the left region, Tr(Ω) is always larger than unity and increases with

decreasing damping ratio, whereas in the right section the opposite behavior occurs

where Tr(Ω) drops with decreasing damping ratio and is always below unity.

The control and adjustment of input driving frequency should be based on the

vibration characteristics of transmissibility in a linear compressor. With respect to

the piston movement, it is favorable to control the ratio Ω/ωn,p close to 1 where the

maximum piston stroke can be achieved. At the same time, it is also important to
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keep Tr(Ω) below a prescribed value in terms of the overall system ωm,sys to reduce

vibration and noise.

The overall system natural frequency (ωn,sys) generally can be controlled easily by

a using a soft suspension spring and maintaining a reasonable weight of the overall

compressor unit. Thus, it is possible to operate in the vibration reduction region

except when the compressor speed is extremely low. However, it can be challenging

to control the vibration of the piston since the piston natural frequency (ωn,p) varies

with operating conditions because of the varying gas pressure force (gas spring) and

therefore the transmissibility will change with driving frequency. Therefore, it is nec-

essary to conduct a preliminary model calculation to estimate the range of the piston

natural frequencies when designing a linear compressor. In general, a strong mechan-

ical spring is recommended to avoid the influence of in-cylinder pressure variation on

the piston natural frequency in order to limit the variation of the transmissibility with

different conditions. It is also beneficial to control the damping ratio (ζ) by adjusting

the suspension system to achieve a target operating condition.

5.4 Piston Eccentricity Analysis

It has been reported by Liang [80] that an oil-free linear compressor will have

higher leakage losses when there is an eccentricity between the piston and cylinder

wall. There are two factors considered in this section that generally affect compressor

eccentricity issues: spring assembly and piston rod elasticity.

Figure 5.13 shows two common compressor spring configurations used in a linear

compressor. As illustrated in Figure 5.13a, the use of a single spring results in an

eccentric spring force applied to the piston that inherently leads to spring eccentricity

associated with the piston movement, as previously modeled by Bradshaw et al.

[13]. If the rotating angle of the piston is large and the piston vertical displacement,

estimated from Equation 5.17, is larger than the clearance gap, a metal contact
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between the piston and cylinder will exist during compressor operation that will

result in significant frictional losses and could potentially lead to compressor failure.

εp = θp ∗ Lp (5.17)

where εp denotes the piston displacement in vertical direction, also called piston

eccentricity, θp represents the rotating angle due to the eccentric spring force and LP

is the piston length.

As a remedy, multiple springs can be used to provide the necessary spring force

while minimizing the eccentricity. As shown in Figure 5.13b, multiple springs can

balance the eccentricity forces if located such that there is an equal distance between

the spring acting points and the center of the piston body. An individual spring in a

multiple group will be smaller and softer than a single one in order to maintain the

same required spring force. Moreover, a flexure (also called spiral disc) spring results

in a more symmetric force on the piston body and is a good solution for avoiding

eccentricity when a single spring is employed.

F←
ε

Single Spring

(a)

F←

F←

ε

ε

Multiple Spring

(b)

Fig. 5.13. Two type of compression spring configurations in a linear
compressor: (a) single spring; (b) multiple spring.

In addition to spring configuration, piston rod elasticity can influence eccentricity.

Flexural oscillations of a piston and piston rod system have been analyzed for a con-

ventional reciprocating compressor by Graunke and Ronnert [81] and their approach

can be used to analyze the piston oscillation in a linear compressor by removing the

effects of the crank mechanism and cross head. Figure 5.14(a) depicts the dynamic
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variation of piston relative eccentricity, defined as the ratio of the absolute piston ec-

centricity to the clearance gap, as a function of piston mass and rod length. Relative

eccentricity tends to increase with increasing piston mass and rod length. However,

a lighter piston and shorter piston rod have more oscillations but with smaller ampli-

tude. Figure 5.14(b) shows the same results as Figure 5.14(a) but presents more de-

tails about the relationship between piston eccentricity and piston movement. Higher

piston eccentricity occurs as the piston approaches Top Dead Center (TDC), where a

high-pressure force is applied to the piston body as an excitation force in the piston

oscillation. Piston eccentricity due to rod elasticity is more significant during the

discharge than the suction process. To this end, it can be concluded that a shorter

piston rod and lighter piston are preferred. In particular, a hollow piston body and

tubular linear motor are one of the solutions to achieve this goal.
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The design clearance gap between the piston and cylinder wall should be adjusted

based on estimates of the piston eccentricity and is a function of the piston radius

angle. It can be seen in Figure 5.15 that the piston is shifted from an original position

to a new position with eccentricity ε. Then, based on the geometry and eccentricity,

Equation 5.18 can be used to calculate the gap distance explicitly as a function of

radius angle. This gap distribution could be used to more accurately determine

leakage and frictional losses. However, this effect was not included in the model of

this paper and will be part of future work.

h(θ, t) = −R +
√
ε(t)2 + (R + g)2 − 2ε(t)(R + g)cos(γ − θ) (5.18)

where g represents the designed constant clearance gap and h is the variable clearance

gap as a function of radius angle θ and R is the radius of the piston, ε(t) is the piston

eccentricity as a function of time and γ denotes the angle between the eccentricity

and x axis.
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Fig. 5.15. Top view of cylinder and piston assembly with eccentricity
in a linear compressor.
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5.5 Conclusion

In this section, a comprehensive sensitivity study based on the validated simulation

model was carried out, which was used to gain a better understanding of the behavior

of linear compressors. Several conclusions can be drawn from the different analyses

conducted in this work:

� A longer piston and smaller clearance gap are helpful in reducing leakage in an

oil-free linear compressor but will increase frictional loss between the piston and

cylinder wall. An optimal clearance gap and piston length has been determined

using the model based on tradeoffs between leakage and frictional losses. For an

oil-free linear compressor, a high-pressure gas bearing is one potential solution

for reducing the leakage while limiting frictional losses.

� Based on the developed 1-D FEM simulation model, it can be found that gas

bearings have a significant effect on reducing leakage flows, but a relatively

small effect on reducing frictional losses. The benefits of gas bearings for sealing

leakage compared to no gas bearings increase with larger clearance gaps between

the piston and cylinder walls. Since frictional losses decrease dramatically with

increasing leakage gap clearance, the use of gas bearings can enable the use of

larger gap sizes where frictional losses are negligible. Moreover, the utilization

of gas bearings can prevent pressure propagation from the piston top to the end

and the pressure distribution is more uniform after the injection point.

� A vibration analysis should be conducted when designing and operating a lin-

ear compressor. For optimal compressor performance, the driving operating

frequency should be close to the piston resonance frequency to have an ampli-

fied movement but should avoid the system mechanical natural frequency to

limit mechanical vibration and noise. To this end, control and adjustment of

the excitation frequency is important along with a good suspension system.



149

� Piston eccentricity is a significant issue in a linear compressor, particularly for

oil-free linear compressors. To minimize the effects, the spring assembly should

be carefully selected and installed to limit eccentric forces on the piston. Addi-

tionally, minimizing the piston mass and rod length can limit piston eccentricity

due to rod elasticity.
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6. VAPOR INJECTION WITH PISTON COOLING AND

SCALABILITY ANALYSIS

This chapter describes a further analysis by using the proposed linear compressor

simulation model considering the system level and design aspects. The objective

of this study is two-fold: (i) investigate and characterize the performance of vapor

injection technology with piston cooling from a theoretical analysis. (ii) identify the

limitations of scale-up linear compressors by conducting a scalability analysis.

Vapor injection technology is of great interest, both academically and industri-

ally, and it is interesting to numerically investigate the utilization of this approach

in a linear compressor. In addition, the potential improvements from a system level

perspective are also investigated (See Section 6.1). Challenges arise from the fact

that it is relatively difficult to integrate an injection flow path within a typical linear

compressor design. Therefore, several piston-cylinder concept designs are proposed

and demonstrated to achieve the goal of absorbing the heat of compression as well

as vapor injection (See Section 6.2). Generally, linear compressors are mainly imple-

mented into small-scale refrigeration systems. However, it is interesting to explore

the scalability of the linear compressor technology. To this end, a 14kW (4-ton) heat

pump system (See Section 6.3.1) and a 45 kW air compressor (See Section 6.3.2) are

used as examples of the analysis of scalability, which manifests the limitations of a

scale-up linear compressor with respect to performance stability. The last section

in this chapter is structured in a way that provides a detailed guidance of how to

design/select each component for a prototype linear compressor (See Section 6.4).
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6.1 Linear Compressor Vapor Injection and Regeneration

Compressor performance is often referenced to one of three ideal reference pro-

cesses: adiabatic, polytropic, and isothermal. These different reference processes have

been extensively investigated and compared [82]. It is well known that an adiabatic

and reversible (isentropic) compression process requires more work input than an

isothermal and reversible compression process for the same suction conditions and

discharge pressure. As shown in Figure 6.1, the variation of total work on air is a

function of polytropic index, where the process is isothermal when index is 1. It can

be seen that when index is 1.4, the amount of heat transfer is zero, which is called

as isentropic process. By comparing the three reference compression processes, the

results show that isentropic compression requires the most work input and the isother-

mal compression consumes the least of work. In the isothermal process, the energy is

removed from the system as heat at the same rate that it is added by the mechanical

work of compression. In comparison to the other two processes, an isothermal process

requires significant cooling.
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Fig. 6.1. Energy and polytropic index diagram comparing isentropic,
polytropic, and isothermal compression processes.
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However, in order to establish an isothermal process, the heat generated during

the compression process must be removed from the system at the same rate that it

is added by the mechanical work of compression. Isothermal compression processes

are extremely difficult to achieve due to the fact that two opposing effects need to

be balanced. On the one hand, the isothermal compression process needs to occur in

small confined volumes at very high speeds in order to achieve high efficiencies. On

the other hand, the heat transfer process needs to take place over large surfaces at

very slow velocities to achieve high effectiveness. As a consequence, isothermal com-

pression has not been approached in a real application. In the literature, different

approaches have been investigated to approach an isothermal compression process.

For instance, the use of multi-stage compression with inter-cooling could be used to

remove the compression heat. However, this approach results in complex systems with

high manufacturing costs. Heidari et al. [83] designed, manufactured, and analyzed

a finned piston compressor and an equivalent electric analogy was used to simulate

the transient heat transfer process inside the compressor. The results showed that

the temperature rise during compression decreased by 33% in the proposed design

compared to a conventional process. Penazzo [84] proposed an aqueous foam liquid

compressor. In particular, a large heat transfer area as well as a high heat transfer

coefficient were achieved with such design. It was reported that the proposed de-

sign reduced the discharged temperature approximately by 15 °C and improved the

compressor efficiency by 4 to 8%. The challenging part of the aforementioned novel

compressor designs are the high manufacturing and maintenance costs. In addition,

the selection of the working fluids and the scale of application are also limited. Other

popular techniques to achieve a quasi-isothermal compression process are fluid injec-

tion during the compression process and liquid-flooded compression. The injected

fluid can be superheated, two-phase, or subcooled refrigerant. The most common

fluid to flood the compression process is a lubrication oil. A detailed comparison of

four different vapor compression cycle (VCC) performances using refrigerant injection

was conducted by Heo et al. [85] by utilizing the combination of a sub-cooler and flash
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tank. It was experimentally observed that the cycle configuration slightly improved

the system capacity, but the system COP did not change significantly. Shuxue and

Guoyuan [86] characterized the performance of a heat pump coupled with economized

vapor injection. In this study, the optimal injection location and the injection ratio

were discussed in-depth, and the system performance was improved by approximately

4%. Bell et al. [87] investigated the feasibility of achieving a quasi-isothermal com-

pression by employing oil-flooding. The proposed cycle configuration included an

internal regenerator. The theoretical and experimental analyses resulted in cycle ef-

ficiency improvements between 5% and 20% depending on the operating conditions.

By surveying the literature, it is apparent that most of the researchers focused on

scroll and screw-type compressors due to their favorable designs that allow an eas-

ier integration of the injection ports and their suitability for flooded compression.

However, limited work was found related to vapor injected linear compressors. In

this section, a novel cylinder cooling design in a linear compressor and its evaluation

when integrated within a VCC are presented. A thermodynamic system model was

developed in order to conduct parametric studies, which were further used to identify

the key parameters and compare the designed system with a conventional VCC.

6.1.1 Vapor injection cycle with piston cooling

The absence of a crank mechanisms in a linear compressor allows for oil-free

operation, which is possible to eliminate refrigerant compatibility issues and open up

more options for environmentally-friendly working fluids. Besides, the appropriate

working fluids can be selected to operate at higher temperatures and pressures. Due

to its compactness and scalability, the linear compressor is an appealing technology

for domestic and miniature-scale refrigeration systems, which have space constraints.

The reduction of space occupied by the compressor enables of the use of additional

components or modification in alternative system configurations that can improve

overall efficiency for space-constrained systems.
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The schematic of the proposed system architecture is shown in Figure 6.2. Two

distinct system features can be noted: (1) a regenerator transfers heat from the liquid

refrigerant exiting the condenser to the compressor suction line to ensure high super-

heat at the compressor inlet; (2) two-phase refrigerant at an intermediate pressure is

injected into compressor cooling paths to enable a quasi-isothermal compression pro-

cess. In this configuration, the sub-cooled refrigerant, exiting the condenser at state

point 5 is divided into two flow paths, i.e., injection line and evaporation line. The

flow in the injection line is throttled to an intermediate pressure at state point 6 and

passes through piston cylinder cooling paths absorbing the heat from the compres-

sion chamber to a superheated injected vapor at state point 7, also shown in Figure

6.3(a). The injected flow and the compressed vapor, already inside the compression

chamber at state point 2, are mixed and compressed together from state point 3 to

state point 4. On the other hand, the liquid to evaporator line enters the regenerator

and exchanges heat with the refrigerant vapor exiting from the evaporator. Then,

the liquid refrigerant with higher subcooling at state point 8 is throttled and passes

through the evaporator to state point 10.

Figure 6.3 shows the cylinder-piston assembly that includes cooling paths and

cylinder injection. The coolant inlet is the two-phase refrigerant that has been throt-

tled from the liquid line to an intermediate pressure between condensing and evap-

orating pressures (state 6 in Figure 6.3). The coolant passes through cooling paths

around the compressor chamber to absorb the heat from compression process, as

shown in Figure 6.3(a), and is evaporated to a superheated vapor at the exit. The

coolant flow can be controlled to maintain a desired exit superheat by a thermal ex-

pansion valve within the cycle. With the help of the connecting pipe (not shown in

the schematic), the superheated vapor at state point 7 is injected into the compres-

sion chamber through the cylinder wall, as indicated in Figure 6.3(b). The timing of

the vapor injection process is determined by the location of the reciprocating piston.

For example, when the piston is at location A in Figure 6.3(b), the chamber pressure

is below the intermediate injection pressure and the injection flow will be pushed into
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Fig. 6.2. Schematic of an integrated vapor injection and piston-
cylinder cooling system.

the compressor chamber. However, if the piston moves over the injection port, e.g.,

location B, the injection port will be blocked by the piston wall and there is no fur-

ther vapor injection until the next cycle. However, some back-flow from compression

chamber to the injection line could occur due to the differential pressure, and it may

result in a small amount of internal leakage in the compressor. Therefore, the location

of the vapor injection port should be chosen wisely.

The state points of the aforementioned thermodynamic cycle are shown in P-h

and T-s diagrams in Figure 6.4. In particular, different solid line colors indicate

different flow paths, and the dash black lines represent the thermodynamic process of

a conventional VCC having the same compressor efficiency. It can be seen in Figure

6.5 that the compressor inlet temperature in the new design (point 1) is significantly

higher than that of the conventional cycle, which is due to the use of the regenerator

to achieve high superheat. The injection flow at the intermediate pressure is mixed
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(a) (b)

Fig. 6.3. Proposed piston-cylinder cooling assembly: (a) top view of
the piston cylinder integrated with cooling paths; (b) side view of the
piston with vapor injection port.

with compressed gas from state point 2 and then compressed together to state point

4 with lower discharge temperature compared to the conventional cycle.

6.1.2 Cycle modeling method and simulation results

A thermodynamic cycle model has been developed and was used to analyze the

proposed system and predict its performance in comparison to the baseline system.

For the baseline system, it is similar to that of standard vapor compression system

with constant isentropic efficiency for compressor. As previously outlined, the primary

differences between the baseline and proposed system are the vapor injection line, the

regenerator, and the cylinder cooling design.

The compression process in the proposed system is modeled as a two-stage com-

pression process with intercooling due to the injection process at the intermediate

pressure. Since there is significant heat transfer during compression process, instead



157

200 300 400
h [kJ/kg]

102

103

P
 [

kP
a
]

1

23

45

6 7

8

9 10

Evaporation Flow

Injection Flow

Mixed Flow

Conventional Cycle

Fig. 6.4. P-h diagram for vapor injection cycle system with cylinder cooling design.

1.0 1.5 2.0
s [kJ/(kg-K)]

250

300

350

T
 [

K
]

1

2

3

4

5

6 7

8

9 10

Evaporation Flow

Injection Flow

Mixed Flow

Conventional Cycle

Fig. 6.5. T-s diagram for vapor injection cycle system with cylinder cooling design.
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of using isentropic efficiency, polytropic efficiency is used to evaluate compressor per-

formance, which is obtained from Equation 6.1.

ηp =
wp

wac

(6.1)

where wac represents the actual work for the compression process and the polytropic

work, wp, is defined to quantify the work required for a reversible polytropic process

occurring between the actual compressor inlet and outlet states with heat transfer,

defined by Equation 6.2.

wp = Psucvsuc
n

n− 1

[(
Pdis
Psuc

)(n−1)/n

− 1

]
(6.2)

where P and v denote the pressure and specific volume, respectively; n is the poly-

tropic index calculated by:

n =
ln( Pdis

Psuc
)

ln(vsuc
vdis

)
(6.3)

Once the actual work is obtained, compressor discharge state can be determined

iteratively based on the first Law of Thermodynamics, which is shown in Equation

6.4:

wac = q + (hdis − hsuc) (6.4)

where h denotes the specific enthalpy and the subscript dis and suc represent the exit

and inlet of compressor, respectively.

Note that the cylinder cooling effects are considered in the proposed simulation

model with a constant cylinder wall temperature, which is directly coupled to the

heat transfer surface area. The instantaneous heat transfer process between cylinder

wall and compression chamber is similar to that in a conventional reciprocating com-

pressor. The heat transfer coefficient is determined by using the correlation proposed

by Adair et al. [61] given by Equation 6.5.
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Nu =
hcDp

k
= 0.053Re0.8Pr0.6 (6.5)

Q̇ = hcLhtxp(T (t)− Tw(t)) (6.6)

where hc is the convective heat transfer coefficient, Dp is the diameter of the piston,

k represents the thermal conductivity of the working fluid. T (t) and Tw denotes

the transient chamber vapor and cylinder wall temperature, respective and the wall

temperature is determined by the coolant flow temperature. In particular, it is also

worth pointing out that Lht is defined as the wetted length for the piston, which

allows for not only the cylindrical shape of the piston but other geometries, such as

hollow concentric band and bean-shape piston.

The cylinder wall temperature and the in-cylinder heat transfer during the cooling

process are significantly affected by the intermediate pressure (and the corresponding

intermediate temperature) associated with State 6 on Figure 6.2. The detailed linear

compressor model was used to analyze the relationship between the heat transfer from

compression chamber with a constant wall temperature and the power consumption.

In addition, the effect of different wetted length is also investigated. As shown in

Figure 6.6, two processes, i.e., before and after vapor injection (VI) process, are

analyzed and it is observed that they have very different trends. In terms of the

heat transfer before VI process, the ratio between heat loss and power consumption,

defined as heat to work (HTW), decreases with the increasing of intermediate pressure

ratio. In fact, the smaller intermediate pressure ratio indicates a lower cylinder wall

temperature, resulting in a larger temperature difference, i.e. heat transfer rate,

between the compression chamber and cylinder wall. When the intermediate pressure

as well as the cylinder wall temperature (the corresponding intermediate temperature)

increases, the heat transfer process for cylinder cooling is attenuated. Moreover, a

larger pressure ratio yields more power consumption for the compression process,

which also causes a drop of the HTW ratio.
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Fig. 6.6. HTW Ratio of as a function of intermediate pressure.

However, in terms of the compression process after VI, it is observed that the

HTW ratio increases with increasing intermediate pressure ratio. This behavior can

be explained by the following reasons. First of all, the temperature of compression

chamber after VI is much higher than that in the process before VI, and the tem-

perature difference for heat transfer is always very large such that heat loss is the

dominant factor for the HTW ratio, although the cylinder wall temperature rises

with the increase of the intermediate pressure ratio. Secondly, with the increasing of

the intermediate pressure ratio, the pressure ratio for the second stage of the com-

pression process after VI will be reduced accordingly, which also limits the increase

of the power consumption. To this end, higher intermediate pressure ratios lead to a

larger HTW ratios for the second stage of compression process. Moreover, it can also

be seen from Figure 6.6 that longer wetted length of the piston results in higher HTW

ratios since more heat transfer area is available. Based on the discussion above, the

energy balance Equation 6.4 can be modified to Equation 6.7, which expedites the

calculation of the cylinder cooling to determine the exit temperature for a polytropic

compression process in the system model.
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w(1−HTW ) = (hdis − hsuc) (6.7)

The VI mixing process between the injected flow and compressed flow is modeled

by imposing a mixture energy balance and calculating the resulting mixture temper-

ature, which is determined by:

ṁVIh7 + ṁevaph2 = ṁtoth3 (6.8)

where ṁVI, ṁevap, ṁtot represent the mass flow rate from VI line, evaporation line

and total mixed mass flow rate, respectively and h denotes the specific enthalpy of

state point shown in Figure 6.2.

A simplified regenerator model with a constant effectiveness, given by Equation

6.10, is used to model the heat exchange process between the compressor suction line

and liquid line after the condenser. In particular, the largest enthalpy change from the

regenerator is chosen as the minimum enthalpy difference in Equation 6.9. As long

as the enthalpy change within the regenerator has been obtained, the inlet conditions

to evaporator and compressor are determined from Equation 6.11 and Equation 6.12.

∆hreg,max = min

 h5 − h(T10, P5)

h(T5, P10)− h10

(6.9)

ηreg =
∆hreg

∆hreg,max

(6.10)

h8 = h5 −∆hreg (6.11)

h1 = h10 + ∆hreg (6.12)

where all the state points are coherent with Figure 6.2.

It is also worth pointing out that a cylinder cooling efficiency is used to represent

the heat transfer ratio between heat rejection from the compression chamber and heat

absorption to the two-phase flow inside the coolant passage. The in-cylinder com-

pression process is modeled as a two-stage compression process with intercooling due
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to the injection process at the intermediate pressure. The cylinder wall temperature

and therefore, the in-cylinder heat transfer during the cooling process is significantly

affected by the intermediate pressure (and the corresponding intermediate temper-

ature). Other components, including condenser, evaporator, throttling valve, are

modeled with the similar approach to the conventional VCC system. Therefore, the

proposed simulation system model described above was employed to investigate the

system performance. The inputs to the model are listed in Table 6.1.

Table 6.1.
List of inputs used for the system simulation model.

.

Description Parameter Proposed Sys. Baseline Sys. Unit

Working Fluid - R134a R134a -

Evaporating Temperature Tevap -30 -30 °C

Condensing Temperature Tcond 30 30 °C

Superheat Temperature ∆Tsup 5 5 °C

Subcooling Temperature ∆Tsub 10 10 °C

Compressor Efficiency ηcom 0.8 0.8 -

Cylinder Cooling Efficiency ηhx,cyl 0.85 - -

Regenerator Efficiency εre 0.8 - -

Intermediate Pressure Ratio PRint 2.5 - -

Figure 6.7 and Figure 6.8 depict different injection processes at different inter-

mediate pressures ratios. It can be seen that a smaller intermediate pressure ratio

results in lower cylinder wall temperatures, which results in more heat removal from

the compression chamber as a larger temperature difference exists for the in-cylinder

heat transfer. In addition, larger cooling capacities can be obtained at lower interme-

diate pressures for the cylinder cooling, which is determined by the enthalpy change

between state points 10 and 8. Therefore, with the decrease of the intermediate pres-

sure ratio from 4.5 to 1.5, the compressor discharge temperatures decrease accordingly

(state points 4c, 4b, 4a), which makes the overall two-stage compression process (1
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to 4) closer to a quasi-isothermal process. For that reason, the polytropic index n ap-

proaches unity (isothermal process), which leads to a decrease in reversible polytropic

and actual specific work. However, a lower intermediate pressure also leads higher

bypass flow to the compressor and reduced refrigerant flow through the evaporator.

Thus, there is an optimum intermediate pressure.
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Fig. 6.7. T-s diagram of vapor injection cylinder cooling system with
difference pressure ratios.

Figure 6.9 depicts the variation of the compressor temperature rise as a function

of different intermediate pressure ratios for three different values of the regenera-

tor efficiency. As previously discussed, decreasing intermediate pressure leads to a

reduced temperature rise due to a lower coolant temperature. Moreover, it is also

observed that a higher regenerator efficiency leads to a lower temperature rise since a

higher inlet temperature allows for larger temperature difference for in-cylinder heat

transfer.

However, the refrigerant flow to the evaporator decreases with increasing flow to

the compressor as the intermediate pressure is reduced. This leads to a reduction in
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Fig. 6.9. Compressor temperature rise versus intermediate pressure
ratio for different regenerator efficiencies.

system cooling capacity which counters the positive effect of reduced compressor spe-

cific work. Therefore, there is an optimal intermediate pressure for the best system
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performance, which is very similar to a standard multiple-stage compression process.

Figure 6.10 shows system COP as a function of intermediate pressure ratio for dif-

ferent regenerator efficiencies. The optimum intermediate pressure ratio is between

about 5 and 6 for this case. COP increases with regenerator efficiency, but it has an

insignificant effect on the optimum intermediate pressure that maximizes COP.
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Fig. 6.10. System COP versus intermediate pressure ratio for different
regenerator efficiencies.

To further investigate the benefits of the designed cylinder cooling and vapor

injection system with respect to the conventional vapor compression system, the sim-

ulation model is exercised to account for different operating conditions. To ensure

a consistent comparison, all selected operating conditions are imposed to both cycle

architectures, and the COP improvements from the conventional cycle is used as the

parameter to identify the differences. Additionally, some of the common working

fluids are selected to quantify the effect of working fluid selection on the system per-

formance. It is shown in Figure 6.11 that the designed system has higher COPs than

that of the conventional vapor compression system for all four selected refrigerants.

In particular, an improvement can be found with the use of refrigerant R1234yf op-

erating at lower evaporating temperatures because the proposed system can reduce

the desuperheating loss, which is a predominant loss in the conventional vapor com-
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pression system when the evaporating temperature drops for a constant condenser

temperature.
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Fig. 6.11. COP improvements from a conventional VCR cycle versus
evaporating temperature for different working fluids.

6.1.3 Conclusion

A new concept of an oil-free linear compressor with piston/cylinder cooling, vapor

injection, and regeneration has been presented in this section. The performance of

this technology was assessed for a number of different refrigerants and operating

conditions using a system simulation model. Several conclusions can be drawn from

the results as follows:

� The proposed system design can significantly reduce the compressor tempera-

ture rise compared to a conventional system, but the temperature rise depends

on the intermediate pressure

� There is an optimum intermediate pressure for cylinder cooling and vapor in-

jection in terms of achieving the best overall system COP.
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� Although overall system performance is strongly dependent on the regenerator

effectiveness, the optimum intermediate pressure is relatively insensitive to the

regenerator effectiveness.

� The proposed system showed between 10% and 18% improvements in perfor-

mance compared to the conventional system. The greatest improvements oc-

curred with R1234yf as the working fluid, especially at larger temperature lifts.

6.2 Isothermal Piston-cylinder Concept Design

As is discussed in last section, isothermal compression processes are extremely

difficult to achieve due to the fact that two opposing processes have to be satisfied.

One of these processes is the compression process, which needs to occur in small

confined volumes at very high speeds in order to achieve high efficiencies. The other

process is a heat transfer process, which needs to occur over large surfaces at very

slow velocities to achieve high effectiveness. Therefore, perfect isothermal compression

has not been attainable in current commercially available compressors. It has been

theoretically proved in last section that one way to approach isothermal compression

is to add more heat exchange surfaces to the piston, which are challenging to be

created and manufactured using conventional manufacturing techniques. However,

these limitations may be overcome with the help of 3-D printing. Therefore, it is an

objective of this proposed work to come up with some core piston-cylinder designs in

linear compressors with heat exchange surface as large as possible by adding internal

cooling paths. Once the designs are finalized, the core elements will be 3-D metal

printed by the Advanced Manufacturing Group at Oak Ridge National Lab and the

printed elements will be assembled into working linear compressor prototypes.

6.2.1 Preliminary piston-cylinder designs

Based on the proposed comprehensive linear compressor model as well as the

general VRC system model, four concept designs will be discussed in the preceding
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section. All designs have the same suction volume for a consistent comparison. For

the sake of clarity, these designs are named as follows and all designed parameters

are list in Table 6.2:

� Design A: one-piston design (baseline design)

� Design B: cylinder and center cooling

� Design C: three-pistons

� Design D: bean-shape pistons

Table 6.2.
List of parameters for each piston-cylinder concept design.

.

Design No. Name Outer Diameter Wetted Perimeter

- - [m] [m]

A One-piston 0.025 0.079

B Center-cooling 0.026 0.096

C Three-piston 0.030 0.136

D Bean-shape 0.035 0.264

Design A: baseline one-piston design

Figure 6.12 and Figure 6.13 show a schematic drawing and section view of Design

A. Design A includes three main assemblies: piston, cylinder and valve set. Similar

to the commercial LG linear compressor, the suction valve has been placed inside the

piston and the discharge plate valve has been placed across the entire cylinder head.

With this design, the suction gas travels from the shell of the compressor into the

suction muffler, and then into the center of the piston. The gas pushes the suction
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Fig. 6.12. Schematic drawing of isothermal core elements of compres-
sor in Design A.

Fig. 6.13. Section view of isothermal core elements of compressor in Design A.

reed valve inside the piston on the piston down stroke and fills up the compression

chamber with suction gas.

Instead of using solid cylinder walls, a cooling path has been added inside the

cylinder walls with the coolant ports at the top and bottom of the cylinder, as shown

in Figure 6.14. The coolant will be pumped into the cooling path inside the cylinder

wall, which includes several parallel fins in order to increase the heat exchange surface

and enhance the heat transfer process, as shown in Figure 6.15. The added cooling
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path helps to approach an isothermal compression process. Since it is similar to the

configuration of the commercial LG linear compressor, Design A will be treated as

the baseline design in this study for comparison with the other three designs.

Fig. 6.14. Side view of cylinder assembly in Design A with internal cooling path.

Fig. 6.15. Section view of cylinder assembly in Design A with internal cooling path.

Design B: cylinder and center cooling

Figure 6.16 shows a schematic drawing of Design B. Similar to the Design A, there

are three main assemblies: piston, cylinder and valve set. However, instead of placing
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the suction valve inside the piston, both suction valve and discharge valve have been

installed on the same side across the cylinder head. By doing so, two cooling paths

have been included in Design B. The first one is identical to the cooling path of

Design A (see Figure 6.15). In addition, a second cooling pipe passes through the

center of the entire piston with the coolant entering from one end and leaving from

another end, as illustrated in Figure 6.17. It follows that a tubular-like compression

chamber is created by the cylinder walls, piston, valve plate and center cooling pipe.

Therefore, the gas inside compression chamber is cooled down by both the cylinder

wall with internal cooling paths as well as by the center cooling pipe. With the

combination of cooling paths inside cylinder wall and center cooling pipe, Design B

is expected to show better performance compared to the baseline Design A. However,

the eccentricity issue and leakage gap due to the center cooling pipe should be taken

into account in this design.

Fig. 6.16. Schematic drawing of isothermal core elements of compres-
sor in Design B.

Design C: three-piston

A simple way to further increase the heat transfer surface area of the working

chamber is to increase the area of the piston in contact with the cooling path. In

Design C, the single piston assembly adopted in Design A and B has been replaced
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Fig. 6.17. Section view of isothermal core elements of compressor in Design B.

by three smaller pistons with three corresponding compression chambers inside the

main cylinder assembly, as shown in Figure 6.18. Similar to Design B, both suction

and discharge valves have been placed on the same side at the top of the cylinder

with multiple valve ports.

Fig. 6.18. Schematic drawing of isothermal core elements of compres-
sor in Design C.
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By referring to Figure 6.20, a special cylinder assembly has been designed with

one common coolant inlet and one common coolant outlet. The total coolant flow

enters through the cooling tube and is distributed among the three cooling chambers.

Inside each cooling chamber, several baffles have been added to direct flow as well

as increase the heat exchange surface area. At the end of the cooling chambers, the

coolant flows are mixed together and leave the compressor core from the common

outlet. To keep the displacement constant among all designs, the diameter of the

cylinder in Design C would be larger than that of baseline Design A. The larger heat

exchange surface area should result in an improved isothermal compression process.

Fig. 6.19. Section view of isothermal core elements of compressor in Design C.

By considering the manufacturing point of view, the existence of multiple pistons

leads to larger leakage gaps and therefore, the tolerance requirements are stricter.

Particular care need to be taken with respect to the alignment between the cylinder

assembly and the pistons. In fact, during the compression process, the tilting of the

pistons has to be avoided because it would cause an increase in friction losses during

the sliding of each piston inside the corresponding cylinder wall.
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Fig. 6.20. Section view of cylinder assembly in Design C with internal cooling path.

Design D: bean-shape piston

In the case of Design D, the traditional cylindrical piston geometry has been

replaced by a bean-shape geometry with larger surface area, as shown in Figure 6.21.

As for the previous designs, there are three main assemblies: cylinder, valve set and

bean-shape piston. In Design D, four compression chambers have been created inside

the cylinder. For each compression chamber, suction port and discharge port on the

valve set have different diameters.

Due to the characteristics of the bean-shape piston, there are two types of com-

pressor chambers in this design defined as inner compression chamber and outer com-

pression chamber, as denoted in Figure 6.22. The volume of the inner compression

chamber is smaller than that of the outer chamber. Four cooling circuits have been

added into cylinder assembly and coolant flows through each cooling circuit around

the surface of the compression chamber, as shown in Figure 6.23. Each cooling cir-

cuit has one inlet and one outlet for the coolant flow and two circular fins have been

used to direct flow and enhance the heat transfer rate for inner loop and outer loop,

respectively.
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Fig. 6.21. Breakdown schematic drawing of isothermal core elements
of compressor in Design.

Fig. 6.22. Section view of isothermal core elements of compressor in Design D.

In terms of heat exchange surface, this design shows many advantages over the

previous three designs. In addition, only one common inlet and one common outlet

for coolant flow are necessary. To this end, two distributers will be used for all circuits

as the inlet/outlet, as is the case in a conventional heat exchanger. Furthermore, to

keep the balanced pressure force on each piston, all four pistons should have exactly

the same cross-section area which leads to the larger wall thickness of the inner
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Fig. 6.23. Section view of cylinder assembly in Design D with internal cooling path.

bean-like piston. Therefore, parametric studies will be conducted to identify the best

aspect ratio. On the negative side, surface areas for leakage and eccentricity are

increased compared to the other designs and special care need to be taken during the

manufacturing phase.

6.2.2 Isothermal prototype core element manufacturing attempt

Aforementioned, enhanced heat exchange may benefit from adding cooling path

into piston cylinder and in order to prove this concept, one-piston cylinder design

with cooling channels for isothermal prototype compressor design has been finalized

and the overview drawing is shown in Figure 6.24. It is seen that the previous vertical

solid cylinder side was perforated with cross-shape structures marked as blue colored

inside the cylinder wall, which is used to support the entire assembly as well as reduce

the total weight of the component for manufacture material cost consideration.

Figure 6.25 gives another view of the volume reduction. The new structure has

a special trapezoid shape that will enhance the design strength. In addition, this

type of design is also good for future implementation of all bolt holes, internal tubes,

etc., where 4 mm minimum thickness is promised. In terms of the internal cooling

channels, some modifications were also made within the latest design, as shown in

Figure 6.26. The trunk and all the branches of the tree support, located at the end
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Fig. 6.24. Overview of cylinder with cooling channels in isothermal
prototype design.

of each circuit, have 0.25 mm square pins. Besides, the flow passages are triangular

and gable ceilings shape as required for the strength consideration.

Fig. 6.25. Partial view of the reduced volume structure inside isother-
mal prototype design.

Figure 6.27 shows the first manufacturing attempt of the isothermal prototype

one-piston cylinder design by employing 3D metal printing. During the first trial,

Hastelloy X was used as the printing material, although it is not a suitable material

for the actual application. The cooling passages have been tested by the Advanced

Manufacturing Group at Oak Ridge National Laboratory (ORNL) to ensure their

functionality and resistance under high pressure. A vacuuming process will be con-
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Fig. 6.26. Cross-section view of cylinder with cooling channels in
isothermal prototype design.

ducted to remove the sintered powder inside. As the next step, the contact surfaces

will be polished and minor machining processes will be done to thread holes, milling

out spring pockets to finalize the component design and also improve the component

appearance and performance.

Fig. 6.27. Picture of first 3D printing build of compressor cylinder
with cooling channels.
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6.3 Scalability Analysis of Linear Compressors

Unlike other types of positive displacement compressors, linear compressor tech-

nology has been drawn attention for small-scale domestic refrigeration due to lower

friction and power losses with respect to conventional reciprocating compressors as

well as their compactness and reduced noise and vibrations. To author’s knowledge,

there have never been a scale-up linear compressor, used for other applications with

higher capacity and the questions may arise in what are the limitations of designing

a bigger linear compressor. It would be extremely interesting to numerically analyze

the scalability of a linear compressor with the help of the proposed simulation model

and some in-depth sensitivity were also carried out to characterize the performance of

the scale-up compressors. As will be reported in the following section, two scenarios

were used as the examples of the analysis, i.e., heat pump system and air compression

system. To the end, a preliminary concept design will be given for each case.

6.3.1 14 kW (4-ton) heat pump system

In order to size the scale-up linear compressor, the required mass flow rate should

be determined from the vapor compression cycle model first. A simplified 4-ton heat

pump system model has been developed in Engineering Equation Solver (EES) and

R410A is used as the working fluid. Two operating conditions have been considered

to exercise the simulation model and have been reported in Table 6.3 and the corre-

sponding P-h diagram is shown in Figure 6.28. It is noted that Point 1 is a normal

condition for heat pump application, whereas Point 2 is used as a critical condition

with higher pressure ratio for this analysis, where the compressor was assumed with

a higher superheat but lower isentropic efficiency. For a standard 4-ton capacity heat

pump unit, it can be obtained from the system model that the minimal required

mass flow delivered from the scale-up compressor should be 55 g/s, considered as a

design objective in the compressor model. Note that the mass flow rate will vary with
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respect to different operating conditions but this calculated flow rate (55 g/s) should

be the lower limit throughout the entire analysis.

Table 6.3.
List of the inputs value for the simplified system model.

.

Parameter Point 1 Point 2 Unit

Refrigerant R410A -

Capacity 14 kW (4-ton) -

Evaporating Temperature -20 -25 °C

Condensing Temperature 40 55 °C

Superheat Temperature 10 15 °C

Subcooling Temperature 10 10 °C

Pressure Ratio 6 10 -

Compressor Efficiency 0.75 0.7 -

Target Flow Rate 56 55 g/s

A preliminary study is proposed here to tackle this problem. After determining

the target mass flow rate, the validated comprehensive linear compressor model was

exercised to understand the size requirements to achieve the target mass flow rate from

the system model and more further sensitivity studies were also conducted to have a

better understanding of the scalability of linear compressors. However, this analysis is

an open problem with many undetermined boundary conditions, and the assumptions

employed for the analysis are as follows. Note that the following analysis is simplified

in order to demonstrate the design limitations of a scale-up linear compressor, the

addition of sub-models is significant but beyond the scope of current discussion, which

can be implemented later once the design has been finalized.

(i) no valve model was applied into the compressor analysis since the geometry

information is undetermined but significant on the simulated results;
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Fig. 6.28. COP improvements from a conventional VCR cycle versus
evaporating temperature for different working fluids.

(ii) one simplified leakage flow model, e.g., Couette flow, is used to predict the

leakage flow from the compression chamber to the shell side;

(iii) required compression work is calculated based on a constant motor efficiency.

In order to satisfy the design requirements and achieve the target flow, piston

geometry has to be determined first. Equation 6.13 represents the calculation of the

mass flow rate from a compressor and three key parameters, i.e., piston diameter,

piston stroke and operating frequency, would affect the delivered flow rate. In this

study, 60Hz and 55 g/s were used as the analyzed operating frequency and the target

flow rate. Higher operating frequency will be involved in the section of sensitivity

study. Volumetric efficiency, ηv, manifests as a key parameter affecting the compressor

flow rate significantly. In generally, this value is in range between half to unity for a

reciprocating compressor. With a smaller ηv, longer piston stroke is needed with the

same piston diameter to maintain the same target flow rate. Figure 6.29 describes how
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the piston stroke changes with respect to the piston diameter, where two dash lines

denote the theoretical minimum and maximum piston stroke by defining volumetric

efficiency as 0.5 and 1, respectively. These two curves were treated as the boundary

conditions for this scalability study.

ṁ = ηvṁth =
1

4
ηvρπD

2xs,thf (6.13)

where ṁth represents the theoretical mass flow rate from the compressor and D is

piston diameter, xs is piston stroke determined by the force balance on the piston, f

is operating frequency and ηv denotes the volumetric efficiency, determined from top

clearance volume and leakage loss.

As linear compressor is considered as a typical oscillating system, it is favorable

to operate the compressor at/close to its resonance frequency. It has been previously

reported by Zhang et al. [69] that selecting a mechanical spring with higher stiffness

can address this issue due to the fact that the spring force dominates the piston re-

ciprocating motion as well as the resonance frequency. As a result, the effect of the

non-linearity of cylinder gas pressure is also minimized. Therefore, in this study, gas

spring stiffness is limited up to be half of mechanical spring stiffness and the calcu-

lation of piston natural frequency can be modified from Equation 6.14 to Equation

6.15. In the case of 60 Hz, the minimum mechanical spring stiffness can be calcu-

lated as 140 N/mm, where the corresponding maximum gas spring stiffness would

be 70N/mm Equation 6.16 shows a mathematical calculation of gas spring stiffness,

which is a function of pressure ratio, piston diameter and the corresponding piston

diameter. It is seen that higher pressure ratio and larger piston diameter lead to a

’stronger’ gas spring. Oppositely, longer piston stroke is favorable if ’softer’ gas spring

is needed. A critical piston stroke line therefore can be drawn in terms of different

piston diameters and pressure ratios when the gas spring with the maximum stiffness

is generated.

Figure 6.29 describes the variation of critical piston stroke as a function of piston

diameter at two pressure ratios, i.e., 6 in green dash line and 10 in blue dash line.
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These two lines were also utilized as the boundary conditions, where a preferred piston

stroke should be designed with a value beyond. It can be also observed that longer

critical piston stroke is required with the increasing piston diameter and with the

same piston stroke, the boundary line with pressure ratio 10 lifts up compared to the

pressure ratio 6 condition.

fn =
1

2π

√
kgas + kme

meff,p

(6.14)

fn =
1

2π

√
3kme,cri

2meff,p

(6.15)

kgas,max =
πPs(PR− 1)Dp

4xs,cri
=

1

2
kme,cri (6.16)

where Ps is the suction pressure, PR is pressure ratio.

In this study, five piston diameters, i.e., 3 cm, 3.5 cm, 4 cm, 4.5 cm, 5 cm, were

selected as the analyzed points and with the objective of the target flow rate, the

corresponding required piston stroke were then calculated from the linear compressor

model with respect to two pressure ratios and each piston diameter, respectively. It

is seen that all the calculated piston stroke from the left three piston diameters, i.e.,

3 cm, 3.5 cm, 4 cm, are higher above the critical blue dash line, which indicates that

the non-linearity of cylinder gas pressure can be minimized no matter of the pressure

ratios. In the case of 4.5 cm piston diameter, the calculated piston stroke meets

the requirement for each analyzed pressure ratio, while the gas spring stiffness will

increase and beyond the limit if the pressure ratio rises still with the same shorter

designed stroke. Regarding to the largest piston diameter, both of two analyzed

points are below the critical lines, which means that the gas spring will be too high at

this design and bring larger non-linearity to the system. Additionally, the selection

of linear motor and control approach is largely market availability dependent and

more issues may be involved if the piston stroke is designed too long (compared to

the piston diameter and piston length), another maximum boundary of the designed
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piston stroke was therefore limited as 12.5 cm, which is 2.5 times of the largest piston

diameter. With all the criteria listed above, piston diameter 3 cm will no longer be a

good point as the calculated stroke are 13.3 and 19.5, respectively.
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Fig. 6.29. Variation of piston stroke as a function of piston diameter.

In order to have a better understanding of the relationship between the mechanical

spring and gas spring stiffness in all proposed designs, the relationship between two

spring stiffness versus piston diameter is plotted in Figure 6.30. Note that the gas

spring stiffness was calculated by the selected piston diameter, the simulated piston

stroke and pressure ratio, and the mechanical spring stiffness was determined by

Equation 6.14 with the calculated gas spring stiffness. It can be observed that gas

spring stiffness with 5 cm piston diameter are much larger than half of the stiffness

of mechanical spring and 4.5 cm piston diameter just across the border, where two
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gas spring stiffness at two pressure ratios are almost same to the half of mechanical

spring stiffness. For other three points, there are no any issues from the design of

spring stiffness, which are consistent to the results in Figure 6.29. Moreover, Figure

6.30 also depicts the relationship between the normalized change of system natural

frequency, defined in Equation 6.17, and piston diameter. It can be found out that

larger piston diameter will have an increasing variation of natural frequency when the

pressure ratio changes, from less than 1 % up to 7 %, and this trend also explains

the need to select a stronger mechanical spring to dominate the piston motion with

a smaller change of resonance frequency.

∆fn =
fn,10 − fn,6

fn,6
(6.17)

where fn,10 and fn,6 represent the natural frequency at pressure ratio 10 and 6, re-

spectively.
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Fig. 6.30. Variation of spring stiffness and normalized natural fre-
quency difference as a function of piston diameter.

To this end, the domain to design a scale-up linear compressor has been determined

from the discussion above and three piston diameters were selected: 3.5 cm, 4 cm,

4.5 cm. The geometry of chosen piston size will be implemented as the inputs into

the comprehensive linear compressor and more sensitivity studies were conducted to
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investigate the compressor performance. The simulation results are listed in Table

6.4 with respect to two pressure ratios and three driving frequencies. It has to be

noted that in the case of each piston size, the mechanical spring stiffness was assumed

to be same and the designed piston stroke is a function of piston size and pressure

ratio, which is not frequency dependent though. In preceding discussion, the mass

flow rate at 60 Hz has been set up as a target of minimum value of 55 g/s for all

designs to determine the required piston stroke and at the other two frequencies, the

mass flow rate will be calculated through the model with the calculated piston stroke

from 60Hz.

Figure 6.31 shows the variation of mass flow rate as a function of the piston

stroke. It can be seen that although only the mass flow rate at 60 Hz was setup

as the target flow, the mass flow rates are almost constant at 70 Hz and 80 Hz in

terms of different piston stroke, piston diameter and pressure ratio. It is extremely

interesting to conclude that the mass flow rate shows a linear trend with respect to

the driving frequency once the design and condition are fixed. Additionally, with the

same delivery of mass flow, longer piston stroke is required either with smaller piston

diameter at the same pressure ratio or larger pressure ratio with same size of piston.
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Fig. 6.31. Variation of mass flow rate in terms of different piston
stroke at different operating frequency.
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Table 6.4.
List of the simulated results for scale-up linear compressor.

.

PR Dp kme xs kgas ṁ f

- [cm] [N/mm] [cm] [N/mm] [g/s] [Hz]

6

3.5 120 9.75 19.74

56.60 60

66.14 70

75.71 80

4.0 110 7.35 34.19

56.04 60

65.40 70

74.84 80

4.5 90 5.85 54.37

56.60 60

65.12 70

75.59 80

10

3.5 120 14.10 24.56

55.87 60

65.25 70

74.65 80

4.0 110 10.80 41.88

56.35 60

65.79 70

75.25 80

4.5 90 8.40 68.16

55.70 60

65.08 70

74.53 80

Variation of compressor power consumption with different piston sizes and pres-

sure ratios is reported in Figure 6.32. More power is consumed with higher pressure

ratio and increasing operating frequency, which is consistent to the performance of a

conventional reciprocating compressor. It can be also observed that power consump-

tion rises with a increase of piston diameter, however, the difference is limited when
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pressure ratio at 6 but more disparity with pressure ratio 10, which is approximately

27 % increase when piston size increase from 3.5 cm to 4.5 cm.
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Fig. 6.32. Variation of compressor power consumption as a function
of operating frequency.

Figure 6.33 depicts the variation of the overall isentropic efficiency with the de-

signed piston size in terms of different operating frequency and pressure ratio. First

of all, it can be seen that compressor performs better when pressure ratio is at 6 and

a increase of operating frequency can also improve the overall isentropic efficiency.

For instance, in the case of 60 Hz and piston diameter 3.5 cm, the improvements

between the overall isentropic efficiency from pressure ratio 6 to pressure ratio 10

can be approximately 6.5 %. In addition, higher overall isentropic efficiency can be

obtained from the compressor with a larger piston diameter. For example, in the case

of 4.5 cm piston diameter at 60 Hz, its efficiencies are 4.7 % and 8.2 % higher than

that of piston diameter 3.5 cm at pressure ratio 6 and 10, respectively.

Figure 6.34 shows the simulated P −xp diagram of the analyzed linear compressor

in terms of different mechanical spring stiffness (or piston diameter) and pressure

ratio. Larger clearance volume is found in the design with stronger spring, which will

restrict the compressor volumetric efficiency. Emphasis is also placed on the pressure
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Fig. 6.33. Variation of compressor overall isentropic efficiency as a
function of operating frequency.

ratio and it’s not favorable to have a large clearance from the higher effective pressure

force at higher pressure ratio.
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Fig. 6.34. P − xp diagram with different mechanical spring stiffness
and pressure ratio.

Integrated results for normalized leakage rate, defined as the ratio between the

calculated leakage rate and a target delivery mass flow rate without the leakage,

are plotted in Figure 6.35. Since higher pressure ratio condition has larger pressure
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difference between the cylinder and shell side in a linear compressor, it is seen that

PR 10 condition has leakage loss, compared to the results from the PR 6 condition.

Regarding the size of piston, a larger piston diameter gives larger perimeter length

of the piston, as well as more flow path, which allows for more leakage flow from

the compression chamber to the shell side. Moreover, it is also found that increasing

compressor speed also helps to reduce the leakage loss slightly.
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Fig. 6.35. Variation of normalized leakage loss as a function of operating frequency.

Figure 6.36 shows normalized frictional loss, defined as the ratio between frictional

loss and compression work, as a function of the operating frequency. It has been

known that a smaller piston diameter has a longer required piston stroke, resulting

in more surface area for the frictional loss during compressor operation. Therefore,

larger piston diameter has less frictional loss, compared to the results from the smaller

piston size. As friction between the cylinder wall and piston cylinder mainly comes

from gas viscosity in the gap, which highly depends on the pressure gradient as well as

the compressor speed, it can be observed that higher pressure ratio condition will lose

more energy and increasing the operating frequency also results in a rise of frictional

loss.

Based on the analysis above, several conclusions can be drawn as follows:
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Fig. 6.36. Variation of normalized frictional loss as a function of
operating frequency.

� The mechanical spring should be chosen wisely to ensure the dominance of the

stable piston motion as well as the designed system natural frequency. Stiffer

mechanical spring is beneficial for the resonance frequency control, but it in-

creases the manufacturing cost, compressor weight and component configuration

within the shell. Additionally, more analysis should be conducted to investigate

the availability of small size of mechanical spring but with higher stiffness.

� It is favorable to maintain the effective gas spring stiffness with a limited value,

which is recommended up to half of selected mechanical spring stiffness. There

is a trade off between a good gas spring stiffness, piston size and required stroke.

� A good selection of piston diameter should be analyzed and determined based

on the target flow, limit of linear motor stroke and a reduction of effective gas

spring.

� Higher pressure ratio designed condition has significant effects on the selection

of piston size and piston stroke.

Therefore, a preliminary design has been finalized based on all the analysis above

and it is noted that the piston length was selected as twice of the piston stroke. All

the key parameters are listed in Table 6.5.
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Table 6.5.
List of parameters in a scale-up linear compressor design used for 4-ton heat pump.

.

Parameter Unit Valve

Piston Diameter [cm] 4.0

Piston Length [cm] 15.0

Compressor Stroke [cm] 7.35

Mechanical Spring [N/mm] 110

Design Natural Frequency [Hz] 60

6.3.2 45 kW air linear compressor

In this section, a numerical analysis is reported on the feasibility of a scale-up

linear air compressor with 45 kW total input power. First of all, a simplified air

compression system model was also developed to determine the target flow delivered

from the compressor. In addition, the feasibility of single stage and multi-stage air

compressor were discussed based on the operating condition. In the end, several

potential designs were proposed and discussed. Furthermore, a sensitivity study was

conducted to understand the trade-off between the losses and performance to provide

a design guidance for a scale-up air linear compressor. Based on the application of a

typical air compressor, Table 6.6 lists the designed operating conditions.

Similar to the approach used in Section 6.3.1, the piston geometry should be

determined based on the stroke length analysis. To simplify the analysis process,

60Hz, pressure ratio 10 and 115 g/s were used as the analyzed operating frequency,

analyzed pressure ratio and target flow rate. Figure 6.37 shows the variation of piston

stroke as a function of piston diameter, where two dash lines denote the theoretical

minimum and maximum piston stroke, which were used as a boundary conditions for

this scalability study, respectively. Also, a critical piston stroke line is also plotted in

terms of different piston diameters to reduce the effective spring stiffness. Moreover,
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Table 6.6.
Designed conditions for a 45kW scale-up air linear compressor.

.

Parameter Design Point Unit

Working Fluid Air -

Inlet Temperature 25 °C

Operating Frequency 60 Hz

Pressure Ratio 10 8.5 -

Target Volumetric Flow
200 225 CFM

340 375 m3/h

Target Mass Flow 115 g/s

due to the market availability of a linear motor, the maximum stroke was limited

to 20 cm, which is marked a horizontal black dash line in the plot. Three piston

diameters were selected as the analyzed points, i.e., 12 cm, 14 cm, 16 cm, which were

used as the inputs for the linear compressor model to calculate the required piston

stroke with a target of flow rate.

Unlike the results shown in Figure 6.29, there is only limited dark grey area in

Figure 6.37 suitable for the selection of piston diameter. It is seen that the calculated

piston stroke with 12 cm diameter is too large than the maximum stroke limit, whereas

the required stroke with 16 cm diameter piston is below the critical stroke line, which

denotes that a large gas spring may be generated in this design. Even for the design

with 14 cm as the piston diameter, the calculated stroke is just across the boundary,

which also may not a good design point. This trend can be also observed from Figure

6.38, which presents the relationship between the calculated gas spring stiffness and

the required mechanical spring stiffness. It is seen that only when the piston is

approximately smaller than 13.5 cm, the effective gas spring stiffness could be smaller

than half of mechanical spring, which is a requirement for a good scale-up linear

compressor design. Compared to the curve in Figure 6.37, the required piston stroke
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Fig. 6.37. Variation of piston stroke as a function of piston diameter
for a single stage air compressor.

may be beyond the maximum stroke when the piston diameter is larger than 13.5 cm.

Additionally, the simulated discharge temperature from the proposed single stage air

compressor design is relatively high, up to 320 °C, which is also a limitation on the

selection of piping materials and other components in the system. Therefore, if no

further knowledge is available, it can be concluded that it is not favorable to design a

single stage air compressor to achieve the target capacity at the designed condition.

In order to satisfy the requirement of capacity for a scale-up air linear compressor,

multi-stage compression will be a good option with an intercooler to maintain a good

efficiency as well as overcome the design limitations. Two types of multi-stage air

linear compressor were considered in this study: one is two separate scale-up linear

compressors to consist of a two-stage compression system with an intercooler, whose

schematic is shown in Figure 6.39. Another option is to design a double-acting linear
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Fig. 6.38. Variation of spring stiffness as a function of piston diameter
for a single stage air compressor.

compressor with internal piping and intercooler between two stages and the linear

motor is shared for both of stages. The schematic is shown in Figure 6.40. It can

be seen that the air coming out of the first-stage discharge valve is compressed to

the intermediate pressure, which travels through an intercooler to cool down the air

and goes to the second-stage shell. Note that the piston stroke in both of two type

multi-stage air linear compressors were assumed to be same for two stages, which is

beneficial for the preceding analysis in this study and make the conclusions general

enough for both two types of multi-stage air compressors.

Unlike a single domain in the analysis in previous sections, two domains to design

a two-stage scale-up air linear compressor have been determined for each stage, shown

in Figure 6.41. Due to the mass flow conservation and consistent piston stroke for

two stages, it is seen that the design domain (dark grey area) for first stage is in the

right hand side (RHS) of that for second stage, which denotes piston diameter in the

first stage should be larger than that in second stage with the same stroke. Note

that the mechanical spring stiffness and the required piston stroke were assumed to

be same for two stages in a single design. Three piston diameters were selected for

each of stage based on the design domain. The geometry of chosen piston size was
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Fig. 6.39. Schematic of a scale-up linear compressor in one of stages
for separate two-stage air compression.

Fig. 6.40. Schematic of a double-acting linear compressor used for
two-stage air compression.

used as the inputs into the comprehensive linear compressor and the required spring

stiffness and piston stroke can be calculated, accordingly. The parameters used in

the proposed designs are listed in Table 6.7 and three designed are label as A, B, C

for the following discussion. It is seen that all six required piston strokes (three for

each stage) fall into the designed domain, where only the piston stroke of Design A is

close to the maximum stroke limit. It is possible to further analyze the gas spring and

mechanical spring stiffness in three designs based on Figure 6.42. Unlike the trend
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Fig. 6.41. Variation of piston stroke as a function of piston diameter
for a two-stage air linear compressor.

shown in Figure 6.38, the gas spring stiffness in both of two stages are below half of

the required mechanical spring stiffness for all three designs, which is beneficial to

maintain the stability of the system. To this end, it is of great interest to use all three

designs as the examples for the following sensitivity study.

The simulation results are listed in Table 6.8 and in the case of each design, three

driving frequencies were used as analyzed additional operating conditions. With

respect to each piston size, the mechanical spring stiffness was assumed to be same,

as shown in Table 6.7 and the designed piston stroke is only the function of piston

size and not driving frequency dependent. In this simulation, the mass flow rate at

60 Hz has been set up as a target of minimum value of 115 g/s for all designs to

determine the required piston stroke and at the other two frequencies in the same
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Table 6.7.
List of the parameters used in the proposed designs.

.

Design No. PR Stage Dp kgas kme xs

- - - [cm] [N/mm] [cm]

A 10
1 13.0 19.64

200 14.6
2 7.25 19.30

B 10
1 15.0 34.7

180 11.0
2 8.36 34.06

C 10
1 17.0 57.68

160 8.50
2 9.50 56.92
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Fig. 6.42. Variation of spring stiffness as a function of piston diameter
for a two-stage air linear compressor.

design, the mass flow rate will be calculated through the model with the calculated

piston stroke at 60 Hz accordingly.

Figure 6.43 shows the variation of the overall isentropic efficiency for three designs

as a function of different operating frequency. In terms of two stages in a single design,

compressor at stage 2 always performs better than the first stage compressor, which
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Table 6.8.
Summary of the simulated results for scale-up two-stage air linear compressor.

.

Design No. f Stage Power Total Power ṁ Flow Rate Flow Rate

- [Hz] - [kW ] [kW ] [g/s] [SCFM ] [m3/h]

A

60
1 22.6

43.5 116.2 225.7 384
2 20.9

70
1 26.8

50.9 134.6 261.5 445
2 24.1

80
1 31.3

58.7 152.6 296.4 503
2 27.4

B

60
1 22.5

43.1 116.8 226.9 386
2 20.6

70
1 26.7

50.6 135.3 262.8 447
2 23.9

80
1 31.1

58.2 153.3 297.8 506
2 27.1

C

60
1 22.2

42.7 116.2 225.7 384
2 20.5

70
1 26.4

50.0 134.5 261.3 444
2 23.6

80
1 30.9

57.7 152.5 296.2 503
2 26.8

benefits from the use of intercooler with a relatively low suction temperature at the

intermediate pressure. With the increasing of the driving frequency, the discrepancy

of the overall isentropic efficiency between two stages increases, where the efficiency
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of first stage drops but slightly rises for second stage compressor. For example, in

the case of Design C, the difference of overall isentropic efficiency between two stages

can be found as higher as 18% at 80Hz. When comparing the performance between

each design, it can be seen that Design C always reveals a best efficiency for both of

two stages and all three analyzed frequencies. In particular, at 70 Hz, the efficiency

of Design C is 1.52 % and 0.68 % in first stage, 2.78 % and 1.07 % in second stage

higher than that in Design A and Design B, respectively.
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Fig. 6.43. Variation of compressor overall isentropic efficiency as a
function of operating frequency of two stages in three proposed de-
signs.

From Table 6.7, it can be seen that Design C has the softest mechanical spring

but with largest piston diameters in both of stages, which leads to a shortest required

piston stroke in all of three designs. Figure 6.44, simulated P − xp diagram of the

analyzed multi-stage air linear compressors, can be utilized to demonstrate the influ-

ence from this difference. First of all, it is seen that stronger spring (e.g., Design A)

will lead to a larger clearance volume, which diminishes the compressor volumetric

efficiency, while some of the energy can be recovered from the spring system during

the expansion process. However, it also needs to be noticed that the effects from the

mechanical spring stiffness on the clearance volume is limited at stage 2. Moreover,
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significant over-shot pressure can be found in the first stage, which may result from

the inappropriate sizing of the discharge pipe or the discharge ports and it should be

considered carefully in the final prototype design.
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Fig. 6.44. P-x diagram of two stages in three proposed designs.

Integrated results for normalized leakage loss in all three designs, defined as the

ratio between the calculated leakage rate and a target delivery mass flow rate without

the leakage, are plotted in Figure 6.45 as a function of the operating frequency. It

is seen that Design A has least leakage loss, compared with the other two designs,

because its smaller piston diameter in each stage will provide less leakage flow path

area through gap between the piston and cylinder wall. Particularly, when the driving

frequency is at 60 Hz, the normalized leakage loss in Design C and Design B are 1.82

% and 0.9 % higher than that in Design A. Similar to the previous analysis, increasing

compressor speed also helps to reduce the leakage loss.

Figure 6.46 shows normalized frictional loss in all three designs, defined as the ratio

between frictional loss and compression work, as a function of the operating frequency.

It has been known that smaller piston diameter has longer required piston stroke,

leading to more surface area for the frictional loss during the compressor operation.

Therefore, larger piston diameter (Design A) has less frictional loss, compared to the
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Fig. 6.45. Variation of normalized leakage loss as a function of operating frequency.

results from the smaller one (Design C), where the difference can be found as 3.15 %

and 4.08 % when the driving frequency is at 60 Hz and 80 Hz, respectively. As friction

between the cylinder wall and piston cylinder mainly comes from gas viscosity in the

gap, which highly depends on the pressure gradient as well as the compressor speed,

it can be observed that higher operating frequency results in a rise of frictional loss.
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Fig. 6.46. Variation of normalized frictional loss as a function of
operating frequency.
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In this section, the feasibility of both single and multi-stage scale-up air linear

compressor has been discussed and analyzed. In addition, a sensitivity study has

been conducted on the proposed designs to investigate and identify the key param-

eters affecting the compressor performance with the goal of providing guidance for

developing improved scale-up air linear compressor designs. Based on the above anal-

ysis, some of conclusions are same as the discussion in Section 6.3.1 and some specific

conclusions for scale-up air linear compressor are as follows:

� The potential of single stage scale-up air linear compressor is limited by the

selection of piston, system stability, etc.. However, the feasibility of multi-stage

scale-up air linear compressor has been proved and analyzed in this study.

� Three two-stage air linear compressor designs have been proposed, which were

also used for further sensitivity study. Based on the analysis, a preliminary

design has been finalized and it is noted that the piston length was selected as

twice of the piston stroke. All key parameters are listed in Table 6.9.

� Mechanical spring has less effects on compressor in the second stage and it is

possible to place more emphasis on the first stage when designing the spring

assembly.

Table 6.9.
List of parameters in a scale-up air linear compressor design.

.

Parameter Value Unit

First Stage Dp 17.0 [cm]

Second Stage Dp 9.5 [cm]

Piston Length 35.0 [cm]

Compressor Stroke 8.50 [cm]

Mechanical Spring 160 [N/mm]

Design Natural Frequency 60 [Hz]
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6.4 Linear Compressor Prototype Design

In parallel to the isothermal prototype linear compressor design that will be man-

ufactured using 3D printing processes, a new prototype linear compressor design

without internal cooling paths has been developed, which is also beneficial to help

experimentally analyze the characteristics and scalability of linear compressors. This

compressor will be also used as the baseline for comparison to the design of the

isothermal compressor later on. Currently, a version of the baseline linear compressor

has been finalized, which was built by employing conventional CNC machines. The

overall schematic drawing of the updated baseline linear compressor prototype design

is shown in Figure 6.47.

Fig. 6.47. Schematic drawing of the updated linear compressor prototype design.

In order to simplify the compressor assembly, a semi-hermetic design with two

housings is used to split the entire compressor shell into three chambers, i.e., cylinder

chamber, piston chamber and motor chamber by adding two flanges on each side,

which are used for the fixation of motor, springs and cylinder, respectively. As afore-

mentioned, in this baseline prototype design, no cooling circuits were added inside

the cylinder wall and the piston follows the conventional cylindrical shape as well.

However, the cooling path port on the housing still exists because the housing cham-
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ber will be used as the shared part for different designs whose key elements inside

are interchangeable. In order to expedite the prototyping process and improve the

performance of the design, several key components can be selected either off-the-shelf

or obtained from other suppliers based upon our specifications. These components

include the linear motor, compression springs and valve assembly. Each component

will be discussed in detail in the following sub-sections.

6.4.1 Motor selection

Linear motors play a key role in determining the linear compressor performance.

In recent years, linear motor technology has improved significantly, especially in the

transportation area. Generally, there are two types of direct drive DC linear motor,

which consists of a permanent magnetic field assembly and a coil assembly. The elec-

tric current flowing through the coil assembly interacts with the permanent magnetic

field and the driving force can be generated and reversed by adjusting the polarity

of current. Figure 6.48 shows a general schematic of those two types of motors and

some typical specifications are listed in Table 6.10.

(a) (b)

Fig. 6.48. Schematic of two direct drive DC linear motor: (a) Moving
magnet type; (b) Moving coil type.

A typical moving magnet linear motor features a tubular shape and the internal

shaft is connected to the moving magnet surrounded by a stator with a single coil
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Table 6.10.
Summary of parameters in a scale-up air linear compressor design.

.

Type Max. Stroke Peak Force Max. Moving Mass Max. Diameter

- [cm] [kN] [kg] [cm]

Moving Coil 13.5 7 6.5 25

Moving Magnet 10 1.8 4.5 16

winding. As the coil is powered by the excitation current, the driving electro-magnetic

force is generated on both the magnet and the shaft pole to drive the piston motion.

It can be seen in Table that moving magnet linear motors has relatively smaller

geometry and less weight but short designed stroke and smaller peak driving force.

However, due to its configuration, it has lower reliability concerns, less cost, which

justify their use as the driving motor for our baseline linear compressor prototype,

which is designed for a residential refrigerator. However, if larger capacity is required

as discussed in Section 6.3, moving coil type linear motor will be recommended or

other bigger linear motor, e.g., linear servo motors, which are ideal for long stroke.

Moreover, the selected linear motor is also equipped with an integrated sliding contact

linear bearing, which can significantly improve the stability of the linear motion and

reduce the eccentricity simultaneously. Figure 6.49 shows the picture of the selected

commercially available motor.

6.4.2 Spring selection

As discussed in Section 5.4, multiple springs should be utilized to reduce the piston

eccentricity. In this proposed prototype design, two sets of spring systems are used

to provide the spring force for piston movement as well as stabilize the vibration and

avoid piston rotation. In order to achieve this goal, a series of compression springs
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Fig. 6.49. Picture of the selected linear motor.

were selected based on the spring rate of each spring as well as the resonant frequency

of the overall system. One picture of the spring configuration in the prototype is

reported in Figure 6.50.

Fig. 6.50. Picture of the spring configuration in the prototype design.

Moreover, a flexure (also called spiral disc) spring, shown in Figure 6.51, results

in a more symmetric force on the piston body and is a good solution for avoiding

eccentricity when a single spring is employed. Besides, flexure spring is also famous

for its with compact design and high stiffness (multiply assembly), which may be a

better option for scale-up linear compressor.
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Fig. 6.51. Picture of a commercially available flexture spring [14].

6.4.3 Valve assembly design

Valve port sizing

In a linear compressor, the valve design will affect the compressor performance

and the valve port size should be sized correctly and accurately. In this section, the

port size of two valves was sized to ensure that the Mach number of the incoming

or outgoing fluid remains at approximately 0.3 or lower, in order to treat the flow

as incompressible. As is shown in Figure 6.52, in order to lower the Mach number,

the total flow area ratio between design port area and critical flow area should be

larger than 2 and the corresponding port diameter can be calculated then: suction

port should be larger than 1.98 mm and discharge port is larger than 0.68 mm when

there are two ports applied for each valve.

In addition, the valves geometries are collected by measuring some commercial

products and measurements, which are listed in Table 6.11. Three commercial piston

compressors, e.g., Embraco reciprocating compressor, Embraco WM linear compres-

sor and LG linear compressor, were selected as the reference for the reed valve design

in the prototype linear compressor and all of them have a similar target cooling ca-

pacity for consistence comparison. It can be observed that our prototype linear com-
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Fig. 6.52. Relationship between flow area and flow Mach number
(obtained from [88]).

pressor will be equipped with similar port size as other commercial linear compressor

after calculating the flow Mach number to promise the enough flow rate.

Table 6.11.
Valve measurements on three commercial compressors and valve de-
sign in prototype linear compressor.

.

Parameter Embraco Recip. Embraco WM LG Linear Prototype

Designed Capacity [W] 150 150 200 150

Piston Diameter [mm] 18.4 19.5 26.5 20.5

Suc. Port Dia. (Single) [mm] 6.85 7.6 5.2 5.0

Suc. Port Area [mm2] 36.5 90.7 63.7 39.3

Dis. Port Dia. (Single) [mm] 3.62 2.25 27 3.5

Dis. Port Area [mm2] 10.2 23.8 67.8 19.3

Valve reed design

As is shown in Figure 6.53, the schematic of a typical reed valve, the reed length

and the port distance to the anchor needs to be designed accurately and the reed
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thickness will be determined by the material selection. The valve dynamic perfor-

mance is highly affected by the valve design, which has been discussed in Section

2.4.2.

Fig. 6.53. Schematic of a typical reed valve.

Based on the valve sizing model calculation, the variation of the effective mass and

spring rate as a function of piston length can be found in Figure 6.54(a) and Figure

6.54(b). It is seen that the effective spring rate will decrease with the increasing reed

length, leading to a higher effective mass though. Basically, the higher effective mass

of the valve reed can produce higher inertia force on the valve dynamics, therefore the

valve needs longer time to open and close. According to the research and measurement

conducted on the commercial products, the reasonable design region has been marked

with the red rectangle. Figure 6.55 shows the schematic of the final valve design in

the prototype linear compressor. In particular, the suction valve reed has special

shape for the manufacture convenience.

6.4.4 Overall prototype linear compressor design

The overall prototype linear compressor design has been finalized and the overview

is shown in Figure 6.56. The compressor assembly has three housings, i.e., valve,

piston, motor, regarding with the convenience of the parts assembly and operation
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(a) (b)

Fig. 6.54. Valve reed design as a function of valve reed length : (a)
Effective spring rate; (b) Effective mass.

Fig. 6.55. Drawing of the final valve assembly design in the prototype
linear compressor.

stability. In addition, two measurement ports are added on two ends of the housing,

which will be used for the internal measurements cable and power strips. Similar

to the Embraco WM linear compressor, two suspension system are designed on the

center of two sides, which will absorb the vibration during the compressor running.

For this baseline prototype design, the piston cylinder will be solid-structure without

any internal cooling channels but the piston housing is still designed with the coolant
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ports and the 3-D printed cylinder with cooling channels will replace the baseline

cylinder but connect to the same housing.

Fig. 6.56. Schematic drawing of the final linear compressor prototype
design (overview).

Figure 6.57 depicts the transparent view of the final prototype linear compressor

design. More space is added inside the piston housing in terms of the convenience of

the spring assembly. One compatible grease will be selected and used for lubrication

between the piston seat and housing inner surface. In fact, this add-on lubrication

won’t affect the oil free operation condition at all because the grease does not mix

with refrigerant when compressor in operation. As a part of future work, the gas

groove channels will be added into the piston seat, which acts as the external gas

bearing to reduce the friction while the piston is reciprocating.

More details of components can be seen from Figure 6.58. In addition to the main

parts, i.e., valve, piston, motor, several auxiliary parts are considered as well. Two

dowel pins are used for a better alignment when connecting different housings. Three

O-rings are utilized to seal each connection surface and avoid the metal direct contact

as well. Figure 6.59 depicts the drawing of the piston and the cylinder assembly.

One interchange PTFE coating sleeve is used to reduce the metal contact between

the piston and cylinder surface and other materials will be analyzed to find the

optimal coating material. One two-part secondary coupling improves the connection
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Fig. 6.57. Schematic drawing of the final linear compressor prototype
design (transparent view).

and alignment between the motor shaft and piston assembly to reduce the piston

eccentricity as much as possible, which will reduce the leakage and frictional based

on the previous analysis. To the end, the picture of the final version of the prototype

linear compressor design is shown in Figure 6.60.

Fig. 6.58. Schematic drawing of the main components in prototype
linear compressor.
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Fig. 6.59. Schematic drawing of the piston and changeable cylinder
assembly in prototype linear compressor.

Fig. 6.60. Picture of the final version of the prototype linear compressor.
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7. CONCLUSIONS AND FUTURE WORK

7.1 Conclusions

Motivated, primarily, by the need of understanding the dynamic characteristics

of linear compressors and their potential applications in HVAC&R, a comprehensive

and generalized simulation model that is used to simulate the dynamic performance

of a linear compressor has been developed in the present work. The compressor model

consists of several sub-models including a piston dynamic model, an electrical motor

model, a valve dynamic model.

To characterize the performance of linear compressors, two commercially avail-

able linear compressors have been carried on performance testing to understand and

compare their behaviors. Moreover, a detailed model validation has been conducted

and the biases between the experimental data and simulation results have been iden-

tified. Once validated, the model has been exercised to investigate the characteristics

of linear compressor by analyzing both transient and periodic steady-state results.

In-depth sensitivity studies were carried out on key parameters affecting linear

compressor performance with the goal of providing guidance for improving existing

compressor designs and developing improved linear compressor designs. Several key

findings were obtained regarding to these aspects: (i) optimal piston diameter/length

and clearance gap can be determining based on the trade-off between leakage and fric-

tional losses; (ii) gas bearing can reduce the leakage loss significantly by minimizing

the pressure propagation within the clearance gap; (iii) by maintaining a good range

of piston and system resonance frequency with respect to the driving frequency, the

piston vibration issues can be attenuated; and (iv) more symmetry spring configu-

ration, lighter piston body and shorter piston rod are favorable to reduce the piston

eccentricity issue.
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A novel cylinder cooling design integrated within a vapor compression cycle was

reported to realize the utilization of vapor injection technology in a linear compressor,

which is beneficial to reduce the the compressor discharge temperature and achieve a

better system COP at an optimal intermediate pressure. A general system model was

developed to analyze the process and predict the system performance. Additionally,

four linear compressor component designs in terms of their potential for approaching

an isothermal compression process have been proposed. Each of the designs utilizes

internal cooling paths that are integrated into the piston-cylinder design but with

different geometries. A range of unique geometries are enabled through the use of

3D printing and the baseline component has been manufactured as the first attempt.

A scalability analysis has been conducted in terms of two common applications and

the limitations for building a scale-up linear compressor were identified about the

determination of piston diameter and piston stroke and a preliminary design was

proposed for each case. Finally, a guidance of designing a prototype linear compressor

was reported, including the selection and calculation of the components.

7.2 Future Work

Although many researchers have focused on linear compressors for many years and

technological progresses have been made in the past few years, there are still many

challenges associated with the operation of linear compressors and some unexpected

issues are still unsolved in their applications. Based on the methodologies and results

presented in this document and the recent review work by Liang [59], some suggestions

of possible future work are discussed here that could further improve the results or

extend the applications. The followings are some areas that should be investigated

to extend beyond the present study:

1. In Chapter 3, the experimental performance of two commercial compressors was

compared and discussed. However, due to the potential manufacture variation,

the conclusions may not be general enough for other commercial designs. There-



217

fore, the performance comparison between two types of compressors, i.e., linear

and reciprocating, could be conducted numerically by a validated model in the

future, where not only the geometry data can be perfectly consistent but also

the uncertainty from the design and manufacture process can be minimized.

2. In-depth sensitivity studies were reported in Chapter 5 and piston vibration

issue was discussed. However, the discussion was only from the mechanical

design point of view and limited control methodology was involved. Therefore,

one of a promising future work is to propose a control method or design a

controller based on the dynamic characteristics to solve the vibration issues in

a linear compressor. Moreover, the improvements on the linear motor design

and control could also be investigated in the future.

3. The isothermal compression process has been discussed extensively in Chapter

6 either from modeling aspect or from a design point. Unfortunately, no per-

formance testing was conducted to prove the concept of the design and identify

the potential limitations, which will be an extremely interesting direction as a

future work in this area.

4. A thorough analysis and a guidance have been report in Chapter 6 with respect

to the scalability of linear compressors. It would be very significant to design

and build a scale-up linear compressor based on the recommendations in this

document and the findings from the performance testing will contribute a lot

to the development of linear compressors.
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